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Abstract

Thermodynamic Analysis and Optimization of HVAC System

Under the background of global energy saving, the reduction of building energy consumption and the
improvement in the system performance of HVAC (Heating Ventilation Air Conditioning) system have
attracted more and more attention in recent years. In HAVC system, heat transfer equipments are the
important components since any thermodynamic process is closely related to the heat transfer process.
The optimization of the heat transfer equipment helps to improve the heat transfer performance and the
COP of chiller or any other air conditioning equipment. On the other hand, for some large and complex
HVAC system, the pumping power accounts for a considerable proportion of system total energy
consumption, which has an important effect on the system performance of HVAC system. The use of
some suitable system renovations and modification and the development of assessment method of
system are significant for the improvement of system performance. Therefore, the above-mentioned two
points are focused on in this study, aiming at supplying some good optimization and evaluation methods

and some useful conclusions.

At first, the modified number of entropy production units, Ns, represented by Xu is adopted as the
objective function of heat exchanger optimization. According to the two types of losses in heat
exchanger, namely heat transfer through a finite temperature difference and a pressure drop in the heat
transfer fluids, Ns can be divided into Ns due to heat transfer (Nsar) and Ns due to friction (Nsap),
respectively. In order to clarify the proportion of irreversible loss due to heat transfer and pressure loss,
respectively, to make sense of the main inducement of irreversible process in the heat exchanger for
different working mediums, the values of Nsar and Nssp of three kinds of heat exchangers (air-to-air,
water-to-water, air-to-water) are compared under three kinds of inlet temperature differences, three kinds
of length-to-diameter ratios, and nine kinds of inlet Reynolds numbers. It can be found that for water-to-
water heat exchanger, the irreversible loss is caused by heat transfer at any Reynolds number; for air-to-
water and air-to-air heat exchangers, the irreversible loss is mainly caused by heat transfer at lower

Reynolds number and by pressure loss at higher Reynolds number.



Then, the optimization of a water-to-water plate-fin heat exchanger is carried out. The convective heat
transfer coefficients of the plate and fin are defined as independent parameters in the optimization, and
their values are calculated by applying the multiple regression analysis equation to numerical simulation
results of 45 cases. Nsat, NSap, and Ns are considered as three single objective functions. Finally,
according to the single objective optimization and multi-objective optimization, the optimal structural
parameters of the heat exchanger are obtained using GA. Meanwhile, the optimizations based on fixed
overall dimension of an assumed heat exchanger are also carried out. After the thermodynamic
optimization, the efficiency of heat exchanger increases from 30.8% to 33.0%; the heat transfer amount
also increases 7.1% from 49.3 kW to 52.8 kW.

Next, in order to clarify the effects of different variable-flow control methods and supply water
temperatures on the exergy budget of chilled water circuit, the exergy analysis on an assumed chilled-
water circuit system under four variable-flow control modes (throttle-valve control, constant-pressure
control, constant-differential-pressure control, and predictive-system-curve control) and two supply
water temperatures are carried out. The pumping head, pumping power, and the input exergy rate of each
case are compared and analysis. it can be found that the rates of exergy input and exergy consumption
under any partial-load condition are significantly smaller than those under full-load condition; the rates
of exergy input and exergy consumption under any variable-frequency control mode are smaller than
those under throttle-valve control mode; in variable-frequency control mode, the rate of exergy inputs
decrease in the following order: constant-pressure control, constant-differential-pressure control, and
predictive-system-curve control. Moreover, regarding the effect of the supply water temperature, the rate
of exergy inputs are smaller at 12°C than at 7°C. Therefore, the use of the variable-frequency control
mode and a higher chilled water temperature will effectively reduce the exergy input to the system.

Finally, performance of an actual heat pump system at each step of the system renovation and
modification are compared and analysed. Meanwhile, in order to clarify the effect of chilled water
temperature, operation mode of compressor and pumps, and the type of heat exchanger on the system
performance, the exergy analysis based on three sets of representative operating data of heat pump
system are carried out. It can be seen that, for the three sets of representative operating data, after the
variable-frequency transformation of compressor and water pumps, the temperature adjustment of child
water, and the replacement of heat exchanger from stainless steel plate heat exchanger to aluminium
plate-fin heat exchanger, a good system performance is obtained. The COP of heat pump chiller

increases from 4.2, 5.0, to 6.4; the system COP increases from 2.2, 2.9 to 3.2; the exergy efficiency of



the system increases from 26.4%, 33.8% to 38.7%.

This study provides a useful optimization method of heat exchanger and a more reasonable and clear
analysis method (exergy analysis) for system evaluation and renovations. By adopting these methods,

more research can be carried out in future focused on different heat transfer equipments and different
HVAC systems.
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8 1.1 Research background and purpose

Under the background of global energy saving, the reduction of building energy consumption and the
improvement in the system performance of HVAC (Heating Ventilation Air Conditioning) system have
attracted more and more attention in recent years. In HAVC system, heat transfer equipments are the
important components since any thermodynamic process is closely related to the heat transfer process.
The optimization of the heat transfer equipment helps to improve the heat transfer performance and the
COP of chiller or any other air conditioning equipment. On the other hand, for some large and complex
HVAC system, the pumping power accounts for a considerable proportion of system total energy
consumption, which has an important effect on the system performance of HVAC system. The use of
some suitable system renovations and modification and the development of assessment method of
system are significant for the improvement of system performance. Therefore, the above-mentioned two
points are focused on in this study, aiming at supplying some good optimization and evaluation methods

and some useful conclusions.

8 1.2 Previous research

1.2.1 Method of thermodynamic optimization

As for the thermodynamic optimization of heat exchanger, the design and analysis of thermal processes
based on the second law of thermodynamics has received considerable attention in recent decades.
McClintock (1951) first employed the irreversibility concept for estimating and minimizing the usable
energy wasted in heat exchanger design. He described irreversibility analysis of heat exchangers and
gave clear equations for the local optimum design of fluid passages for either side of a heat exchanger.
Then Bejan (1977) presented a heat exchanger design method for fixed or for minimum irreversibility
and established a direct relationship between the heat exchanger design parameters and the useful power
wasted due to heat exchanger noideality. His method and related follow-up research work was
elaborated in his book (Bejan, 1996). Bejan’s research has a huge impact on the thermodynamic
optimization of heat exchanger. Until now, much research has been done based on this technique.
Mishra (2009) did the optimization of crossflow plate-fin heat exchanger design by minimizing the
number of entropy generation units for a specified heat duty under given space restriction. In Ahmadi’s
(2011) research work, a thermal modeling was conducted for optimal design of compact heat exchangers

in order to minimize cost and entropy generation. Asadi (2013) and Zarea (2014) also conducted the
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entropy-generation minimization and entropy-generation-units minimization by using Cuckoo Algorithm
and Bees Algorithm, respectively. Therefore, in this study, the shape of the heat exchanger was also

optimized based on the theory of Bejan’s research in the part of thermodynamic optimization.

Among them, the number of entropy production units, Ns [-], which has been widely used by many
researchers to evaluate the irreversibility loss in heat exchanger, was defined by Bejan (1982). The
smaller Ns is, the better heat transfer performance will be obtained. But it is found that using this
parameter as the objective function of heat exchanger optimization might lead to some ambiguities, such
as the increase of Ns varying with the increase of effectiveness ¢ (Xu, 1996). Therefore, the chosen of

objective function of heat exchanger optimization should be considered before the optimization.

1.2.2 Optimization of plate-fin heat exchanger

Any heat transfer process is characterized by two types of losses, heat transfer through a finite
temperature difference and a pressure drop in the heat transfer fluids (Singh, 2008). But there are not so
many researches focused on making sense of the main inducement of irreversible process in the heat

exchanger for different working mediums.

As a kind of compact heat exchanger, plate-fin heat exchangers are widely used in cryogenics and the
aerospace industry because of their compactness and high thermal efficiency. As the secondary heat
transfer surface, the fin is regarded as the most important heat transfer component in plate-fin heat
exchangers, and its size is closely related to the heat transfer characteristics and pressure losses of the
heat exchanger. Thus, optimizing the shape of plate-fin heat exchangers is important for their
effectiveness and economy. In previous studies, the working media of plate-fin heat exchangers were
often gas-to-gas or gas-to-liquid (Wen, 2007; Peng, 2008; Rao, 2013; Zhao, 2013). There are not many

applications and studies of plate-fin heat exchangers in water systems for air-conditioning applications.

On the other hand, in design calculation of plate-fin heat exchangers, the comprehensive surface
efficiency of the primary (plate) and secondary (fin) heat transfer surfaces is deduced assuming that the
convective heat transfer coefficients of the plate and fin are the same (Kuppan, 2002; Kays, 1984; Wang,

1984). Actually, their values differ more or less according to the fin size (Wang, 2009).

Further, in the calculation of the convective heat transfer coefficients, the Colburn heat transfer factor j

(Colburn factor for short) and Fanning friction factor f (Fanning factor for short) are generally adopted.



Chapter 1 Introduction | 13

In previous research, the Colburn and Fanning factors were often calculated using empirical equations
(Mishra, 2009; Zarea, 2013; Pater, 2014; Sanaye, 2010). However, their values are generally greatly
affected by the type of working media, the heat exchanger material, the fin size, and so on. According to
the research of Hu and Herold (1995), for a liquid working medium, the value of the Colburn factor
calculated using an empirical equation for air is approximately twice that calculated using experimental
data for liquid at the same Reynolds number. Therefore, using empirical equations blindly might
produce large errors in the calculation of the Colburn and Fanning factors. On the other hand, an
experimental study might require time and money to obtain more precise results. Computational fluid
dynamics (CFD), which has been used extensively in many fields of industry, can offer a simple high-

precision method.

1.2.3 Exergy analysis of HVAC system

The energy use of an HVAC system accounts for a large proportion of a building’s total energy use
(Westphalen 2001). Improving the efficiency of an HVAC system would therefore make a major
contribution to energy saving within a building. In an HVAC system, in which the pumping system is
one of the primary components, energy-use reduction by the pumping system is important. Maximum-
load operation of an HVAC system accounts for only a small percentage of the overall operating time.
Most water pumps are operated only under partial load (Matsushita 2011). Therefore, reducing the
energy use of the pumping system when under only partial load will significantly improve the efficiency
of the HVAC system.

In any investigation involving partial load, it is necessary to determine the degree of impact of the water
temperature on the heat-transfer characteristics of the terminal units, such as the fan coil units (FCU).
These are another primary component of an HVAC system, which transfer heat from the air to water
through a coil in proportion to the log mean temperature difference (LMTD) (Crowther 2002). This is
because the water temperature affects the LMTD and then the heat-transfer characteristics of the
terminal unit, and thereby ultimately affects the indoor thermal environment, the cost of the terminal
units, and the power of the pumps used in the chilled water circuit (TRANE 2002; Herbert 2011).

Previous studies regarding variable-flow control have mainly focused on comparing measured energy
use before and after the adjustment of the control parameters or control methods (Izumiyama 2012) or
the development and verification of new control methods (Matsushita et al. 2011). Regarding those

previous studies into the effect of water temperature on heat transfer, the main research efforts have
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involved the analysis of the relationship between the water flow rate and the temperature difference
between the supply and return water, based on data derived from the manufacturer’s specifications (Kido
et al. 2013).

All of the above-mentioned studies were carried out from the viewpoint of the amount of energy being
consumed, but not the quality of that energy. In thermodynamics, energy can be divided into available
and unavailable energy. Exergy is that energy that is available for use (Perrot 1998). Unlike a
conventional energy analysis, an exergy analysis enables the direction of the exergy flow, as well as the

value and location of the exergy consumption, to be clearly and easily determined (Shukuya 2013).

Therefore, a greater number of exergy analyses have been applied to the field of HVAC engineering in
recent years. Wang et al. (2008) investigated the impact of the air-conditioning parameters on the exergy
of the chilled water supplied to radiant panels and a cooling coil. Harrell and Mathias (2009) evaluated
the central chilled-water system in a campus building using exergy-based cost accounting to quantify the
magnitude and cost impact of internal losses with the goal of maximizing the chiller capacity utilization
while minimizing the unit cost of the delivered chilled water. Taniguchi et al. (2014) developed an
energy-saving air-separation unit based on an exergy analysis. However, as far as we know, there have
been no exergy analyses of a chilled water circuit from the aspects of both the variable-flow control
methods and the chilled water temperature. For the performance analysis on actual HAVC system,

exergy analysis is rarely taken as the evaluation methods.

8§ 1.3 Research content

Based on the corresponding problems as above-mentioned, in this study, the following research contents

are carried out.

At first, a modified Ns represented by Xu (1996) is adopted as the objective function of heat exchanger
optimization. According to the two types of losses in heat exchanger, namely heat transfer through a
finite temperature difference and a pressure drop in the heat transfer fluids (Singh, 2008), Ns can be
divided into Ns due to heat transfer (Nsar) and Ns due to friction (Nsap), respectively. In order to clarify
the proportion of irreversible loss due to heat transfer and pressure loss, respectively, to make sense of
the main inducement of irreversible process in the heat exchanger for different working mediums, the

values of Nsat and Nspp of three kinds of heat exchangers (air-to-air, water-to-water, air-to-water) are
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compared under three kinds of inlet temperature differences, three kinds of length-to-diameter ratios, and

nine kinds of inlet Reynolds numbers.

Then, the optimization of a water-to-water plate-fin heat exchanger is carried out. The convective heat
transfer coefficients of the plate and fin are defined as independent parameters in the optimization, and
their values are calculated by applying the multiple regression analysis equation to numerical simulation
results of 45 cases. Nsat, NSap, and Ns are considered as three single objective functions. Finally,
according to the single objective optimization and multi-objective optimization, the optimal structural
parameters of the heat exchanger are obtained using GA. Meanwhile, the optimizations based on fixed
overall dimension of heat exchanger are also carried out. The performance before and after the

optimization are compared.

Next, in order to clarify the effects of different variable-flow control methods and supply water
temperatures on the exergy budget of chilled water circuit, the exergy analysis on an assumed chilled-
water circuit system under four variable-flow control modes (throttle-valve control, constant-pressure
control, constant-differential-pressure control, and predictive-system-curve control) and two supply
water temperatures are carried out. The pumping head, pumping power, and the input exergy rate of each

case are compared and analysis.

Finally, performance of an actual heat pump system at each step of the system renovation and
modification are compared and analysed. Meanwhile, in order to clarify the effect of chilled water
temperature, operation mode of compressor and pumps, and the type of heat exchanger on the system
performance, the exergy analysis based on the actual operating date of heat pump system are carried out.
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8 1.4 Research flow chart
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The shape optimization of plate-fin heat changer is carried out from the viewpoint of thermodynamic
optimization and cost optimization in this study. To clarify the process of thermodynamic optimization
of heat changer, the development of related research work on thermodynamic optimization of heat
exchanger and the common design methods of heat exchanger are introduced. In addition, the
conception and the corresponding derivation process of the thermodynamic objective function used in

this study are also described in detail in this chapter.
§ 2.1 Development of thermodynamic optimization of heat exchanger

Any thermodynamic process must obey not only the first law but also the second law of thermodynamics
as well. Since the optimization based on the first law of thermodynamics only take into account the
amount of energy, but not the quality of energy, in recent decades, the design and analysis of thermal

processes based on the second law of thermodynamics has received considerable attention.

McClintock (1951) first employed the irreversibility concept for estimating and minimizing the usable
energy wasted in heat exchanger design. He described irreversibility analysis of heat exchangers and

gave clear equations for the local optimum design of fluid passages for either side of a heat exchanger.

Then Bejan (1977) presented a heat exchanger design method for fixed or for minimum irreversibility
and established a direct relationship between the heat exchanger design parameters and the useful power
wasted due to heat exchanger noideality. His method and related follow-up research work was
elaborated in his book (Bejan, 1996).

Bejan’s research has a huge impact on the thermodynamic optimization of heat exchanger. Until now,
much research has been done based on this technique. Mishra (2009) did the optimization of crossflow
plate-fin heat exchanger design by minimizing the number of entropy generation units for a specified
heat duty under given space restriction. In Ahmadi’s (2011) research work, a thermal modeling was
conducted for optimal design of compact heat exchangers in order to minimize cost and entropy
generation. Asadi (2013) and Zarea (2014) also conducted the entropy-generation minimization and
entropy-generation-units minimization by using Cuckoo Algorithm and Bees Algorithm, respectively.
Therefore, in this study, the shape of the heat exchanger was also optimized based on the theory of

Bejan’s research in the part of thermodynamic optimization.
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§ 2.2 Design methods of heat exchanger

In the process of thermodynamic optimization of heat exchanger, it is necessary to use the design
methods of heat exchanger when the objective function of optimization is established. Generally, there
are two types of problems in the heat exchanger design (Sukhatme, 2005). In the first type, for two given
working mediums, the flow rates, and inlet and outlet temperatures are specified, the heat transfer area
required for the heat exchanger is to be calculated. The log-mean temperature difference (LMTD)
method is usually adopted for this problem. In the second type, for a given heat exchanger and two given
working mediums, only the inlet temperature and flow rates are specified and the outlet temperature of
the two working mediums are to be calculated. For this problem, the effectiveness-NTU (£-NTU) method

is generally used.

2.2.1 LMTD method
The rate of heat transfer Q [W] in the heat exchanger can be expressed as (Shah, 2002)
Q =UAAT (2.1)

where U [W/(m?K)] and A [m] are the heat transfer coefficient and entire heat transfer area of the heat
exchanger, respectively. ATy, [K] is the true mean temperature difference, which is different for different

exchanger flow arrangements at the same inlet and outlet temperatures of the working mediums.

For a counter-flow or parallel-flow heat exchanger, the true mean temperature difference AT, can be
expressed as (Shah, 2002)

AT =AT,, (2.2)
where AT, [K] is the log-mean temperature difference given as (Shah, 2002)

AT, — AT,

Im ZW (2.3)

where ATa [K] and ATg [K] are the temperature differences between two working mediums at each end
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of the heat exchanger. The corresponding temperature differences for a counter-flow (ATacs, ATgf) OF

parallel-flow (ATapr, AT pr) heat exchanger is represented in Equation (2.4) — (2.7) from Figure 2.1.

ATA,cf :Th,in _Tc,out (24)
ATB,cf =Th,0ut _Tc,in (2.5)
ATA,pf =Th,in _Tc,in (2.6)
ATB,pf :Th,out _Tc,out (27)
T[K]
N
Th__out
ATA,pf ATBpf
ATg ot ﬂ
T |4 [m7] T... A [m?]
(a) Counter-flow heat exchanger (b) Parallel-flow heat exchanger

Figure 2.1 Temperature distribution of working mediums in heat exchanger

For all other flow arrangements such as cross flow, the true mean temperature difference ATy, can be
expressed by Equation (2.8), based on the log-mean temperature difference for a counter-flow heat
exchanger (Shah, 2002). That is because the maximum true mean temperature difference only obtained

by the counter-flow heat exchanger under certain given inlet and outlet temperature of working mediums.

ATm = ¢ATIm Jcf (2 . 8)

where ¢ [-] is the correction factor of log-mean temperature difference. ATm¢r [K] is the log-mean

temperature difference for a counter-flow heat exchanger.

2.2.2 &-NTU method

The effectiveness of heat exchanger is defined as (Klein, 2011)
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E=——— (2.9
where Q [W] is the actual rate of heat transfer, which can be expressed as (Klein, 2011)

Q = Cp,hmh (Th,in _Th,out ) = Cp,cmc (Tc,out _Tc,in) (210)

where ¢, [J/(kg-K)], m [kg/s], and T [K] are the specific heat capacity at constant pressure, mass flow
rate, and temperature of working mediums, respectively. The subscripts h, ¢, in, and out indicate

high/low temperature and inlet/outlet, respectively.

Omax [W] is the maximum possible rate of heat transfer between the working mediums. Due to the
maximum true mean temperature difference of counter-flow heat exchanger, Q,,,, can only occur at a
counter-flow heat exchanger with infinite length. On the other hand, in a counter-flow heat exchanger,
the temperature of high-temperature working medium cannot be cooled below the inlet temperature of
low-temperature working medium. Similarly, the temperature of low-temperature working medium also
cannot be heated above the inlet temperature of high-temperature working medium. Therefore, the
maximum possible temperature difference of inlet and outlet for a certain working medium is the inlet
temperature difference of the two working mediums. In addition, Equation (2.10) indicates that the
working medium with the smaller heat capacity rate will experience the larger change in temperature.

Therefore, the maximum possible rate of heat transfer Q,,,,, is represented as (Klein, 2011)

Qmax :(Cpm) i (Th,in _Tc,in) (211)

min

Where (Cpm)min [W/K] is the smaller value of the two heat capacity rates.

The effectiveness of heat exchanger, ¢, defined in Equation (2.9), is dependent on the number of transfer
units, NTU [-], the heat capacity rate ratio, Cr [-], and the flow arrangement. NTU is the dimensionless

size of the heat exchanger, defined as (Klein, 2011)

NTU =—F+— 2.12
( )min ( )
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Cr is the ratio of the smaller to larger heat capacity rate for the two working mediums, defined as
(Klein, 2011)

C. :M (2.13)

For the most basic counter-flow and parallel-flow heat exchanger, the effectiveness of heat exchanger, &,

can be expressed by Equation (2.14) and (2.15) (Klein, 2011), respectively.

1-exp[-NTU (1-C,)]

for C.< 1
_J1-Cqexp[-NTU (1-C,)] " (2.14)
_NTU_ for C; =1
1+ NTU
1- —NTU (1+C
L _1-ewn] (1+Ce)] (2.15)

1+C,

2.2.3 Applicable scope of the two methods

As mentioned above, for the first type of problem in the heat exchanger design, due to the specified inlet
and outlet temperatures, both LMTD method and ¢-NTU method can be applied, but the LMTD method is
relatively convenient. For the second type of problem, since the outlet temperatures are unknown, the
rate of heat transfer () and the log-mean temperature difference AT, cannot be calculated directly, a

trial-and-error approach is needed. On this occasion, the e-NTU method is preferred.

In this study, the relationship between effectiveness ¢ and the objective function is needed, so the e-NTU

method is adopted in the derivation process of the objective function.

§ 2.3 Derivation of objective function

2.3.1 Choice of objective function

As mentioned above, the number of entropy production units, Ns [-], which has been widely used by

many researchers to evaluate the irreversibility loss in heat exchanger, was defined by Bejan (1982) as



Chapter 2 Thermodynamic analysis of heat exchanger | 24

Ns =ﬁ (2.16)

where Sg [W/K] is the rate of entropy production generated during the irreversible process in the heat

exchanger. The smaller Ns is, the better performance would be achieved.

If both the numerator and the denominator of Equation (2.16) are multiplied by AT, which is the
temperature change corresponding to the working medium with smaller heat capacity rate, Ns can be

expressed as

SAT _S,AT

e (Cpm)min AT Q

(2.17)

So the physical meaning of Ns is the rate of entropy production per unit rate of heat transfer multiplied
by AT, the temperature change of the working medium with smaller heat capacity rate. But AT will
become larger when the heat transfer area increases, which might lead to some ambiguities, such as the
increase of Ns varying with the increase of effectiveness ¢ (Xu, 1996). In order to solve this problem, Xu

(1996) represented a modified Ns, defined as

(2.18)

Compared with Equation (2.17), Equation (2.18) replaces the temperature change of the working
medium with smaller heat capacity rate, AT, with the maximum possible temperature difference, (Thin-
Tc,in)- Since the inlet temperature of each working medium is specified at first in the design of heat
exchanger, the maximum possible temperature difference is constant under the condition of given inlet
temperatures, which will eliminate the ambiguity of the original Ns. Therefore, the modified Ns is

adopted in this study as the objective function.

2.3.2 Expression of objective function for different working mediums

In order to convert the expression of Ns into the function of temperature and pressure, at first, the

derivation of Sg in Equation (2.18) is necessary. For a counter-flow indirect-contact-type heat exchanger,



Chapter 2 Thermodynamic analysis of heat exchanger | 25

the entropy budget is shown in Figure 2.2.

e M ig;f; -

1
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Figure 2.2 Entropy budget of an indirect-contact-type heat exchanger

The corresponding entropy budget equation is defined as Equation (2.19), where AS'SyS [W/K], Spin
[WIK], Se¢in IWIK], S5 [W/K], Spoue [W/K], and S ;, [W/K] are the rate of entropy change of the
system, the rate of inlet entropy of high/low temperature working medium, the rate of entropy transfer
due to heat transfer between inside and outside of the heat exchanger and the rate of outlet entropy of
high/low temperature working medium, respectively.

ASye =Sy +Sen+S; +S, -5 Se o (2.19)

h,in hout

In usual, ASSyS is zero for a steady-flow process. In addition, the heat exchanger is often seen as an

adiabatic system; therefore, Sf is also zero. Then the entropy budget equation can be reduced as

S'g :(Sh,out _Sh,in)+(sc,out _Sc,in) (220)

That is, the rate of entropy production generated during the irreversible process in the heat exchanger
equals to the total rate of entropy change from inlet to outlet of high/low temperature working medium.
The entropy change of a system during a process can be determined by Equation (2.21) (Cengel, 2006)
between the initial and the final states (state 1 and 2) as

AS,,=$,-S = jlz[i—QJ 2.21)

int rev

where the subscript “int rev” indicates that the process is an internally reversible process. It is important
to note that the entropy depends on the state only and not the process path. Therefore, the entropy

change AS, _, between two specified states is the same no matter what path, reversible or irreversible.
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One other thing to note is that the integral of §Q /T gives us the value of entropy change only if the
integration is carried out along an internally reversible path between the two states. Different values will
be obtained when the integration is carried out along different irreversible paths (Cengel, 2006).
Therefore, for convenience, the processes between inlet and outlet of the high/low temperature working
mediums are assumed to be imaginary internally reversible path between the specified states in this

study.

Then, by integrating Equation (2.20) and (2.21), the rate of entropy production in a counter-flow

indirect-contact-type heat exchanger can be determined as

hout 5Q _[C Jout 5Q (2.22)

h,in c,in

where h, ¢, in, and out indicate high/low temperature and inlet/outlet, respectively. In addition, §Q can

be expressed as
5Q =msq (2.23)
In a steady-flow system, 5q can be defined as follows based on the energy balance equation (Nag, 2010)
6q=dh-vdP (2.24)

where q [J/kg], h [I/kg], v [m®/kg], and P [Pa] are the specific heat transfer amount, specific enthalpy,
specific volume, and pressure, respectively.

In regard to the heat exchangers in the field of HAVC, if phase change is not taken into consideration,

air and water are the most working mediums we contact. For air and water, the specific enthalpy change
is defined as (Moran, 2010)

dh=c,dT +v(1- 4T )dP (2.25)

where g [1/K] is the coefficient of thermal expansion, which is defined as (Bagdade, 2002)
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_1fov
B= v(aT)p (2.26)

Generally, air is seen as ideal gas in the analysis process for convenience. For ideal gas, based on

Equation (2.26), the following conclusion can be obtained as

T

y 1 (2.27)

(GRT / Pj _RT _
or ), Pv
Therefore, by integrating Equation (2.23) — (2.27), when the single working medium is air or water, §Q

can be expressed as Equations (2.28) and (2.29), respectively.

8Q =mc,dT —VdP (2.28)

5Q =mc,dT — FTVdP (2.29)

According to the type of the above-mentioned two kinds of working mediums, three kinds of typical heat
exchangers can be represented, that is air-to-air, water-to-water, and air-to-water. Then, by integrating
Equations (2.22), (2.28) and (2.29), the rate of entropy production Sg of the three kinds of typical heat

exchangers can be expressed as follows successively. One thing to note here is that the Equation (2.32)

is based on the assumption that air is high temperature working medium.

c,in ,ave +chPc /Tc,ave (230)

Sy = ConfMy IN(T, o / Toin )+ oM IN(T g / T )+ Vo AR, /T,

Sy =Cpay In(T, VAP, (2.31)

h,out

/Th,in ) + Cp,cmc In (Tc,out /Tc,in ) + ﬂhthPh + ﬂ

S, =C,,M, In (Th’Out I Ty ) +C, M, In (Tc'out /T

g c,in ) +thPh /Th,ave + ﬂcchPc (232)
where VV [m?/s] is the volume flow rate of working medium, AP [Pa] is the pressure difference between
inlet and outlet for single working medium, T, [K] is the average temperature of inlet and outlet
temperature. Similarly, the subscripts h, ¢, in, and out indicate high/low temperature and inlet/outlet,

respectively.
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It can be seen that the first two items in Equations (2.30) — (2.32) are the function of temperature;
the other subsequent items are the function of pressure. Therefore, according to the type of

irreversible loss, the rate of entropy production S‘g can be defined as

Sy =Syt +Sqap (2.33)

where S‘g_AT is the rate of entropy production due to the heat transfer through a finite temperature

difference corresponding to the first two items in Equations (2.30) — (2.32); Sg,AT is the rate of

entropy production due to pressure drop corresponding to the other subsequent items in Equations
(2.30) - (2.32).

Similarly, the number of entropy production units, Ns, can be defined as

Ns = Ns,; + Ns,; (2.34)

By integrating Equation (2.9) — (2.11), (2.18), and (2.30) — (2.32), the number of entropy production
units due to heat transfer, Ns,r, of above-mentioned three kinds of heat exchanger can be deduced
as Equations (2.35); the number of entropy production units due to pressure loss, Ns,p, of above-
mentioned four kinds of heat exchanger can be deduced as Equations (2.36) — (2.38), respectively,
according to the order of Equations (2.30) — (2.32).

NS, :ﬂm 1+ g(c"m_)min [T”” -1} + Cpm In| 1+ g(c"m_)mm [T“*‘” -1} (2.35)
g(c,m) ConMy | Toin g(c,m) CoeMy |\ Toin

NS, = 1 V, AP, . VAP, (2.36)
(Cpm)min ‘ Th,in _W(Th,in _Tc,in) Tc,in + gﬁzpm)min (Th,in _Tc,in)
p,h'"'h p.c'''c
1

NS, = W(ﬁhthPh + BVAR,) (2.37)
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NSAP = 1 \./hAPh + :BcchPc (238)
(Cpm)ming Th' _g(cpm)min (Th -T. )
Jin 2Cthmh Jin c,in

2.3.3 Calculation of heat transfer coefficient U and pressure loss AP

In order to calculate the value of Ns,t and Ns,p, the heat transfer coefficient U of the heat exchanger
in Equation (2.12) and the pressure loss AP of high/low temperature working mediums in Equations
(2.36) — (2.38) should be calculated at first.

If the thermal-conduction resistance between high/low temperature working mediums is ignored,

the heat transfer coefficient of the heat exchanger, U , can be expressed as

1
Usg—7

1 (2.39)
ah ac

where a, [W/(m*K)] and o [W/(m*K)] are the convective heat transfer coefficient of high/low
temperature working mediums, respectively. The correlation of convective heat transfer coefficient
is given by (Martin, 2010)

k
=Nu— 2.40
a 5 (2.40)

where Nu [-] is Nusselt number; k [W/(m-K)] is coefficient of thermal conductivity; D [m] is the

hydraulic diameter of a single flow section, which is defined as (Thirumaleshwar, 2009)

D=4— (2.41)

where A;[m?] is the area of cross-section of single flow and Ls [m] is the wetted perimeter.
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For pipe flow, there are different expressions of Nusselt number corresponding to different flow states.

For heat exchangers without fins, the Nusselt number can be defined as follows.

For fully developed laminar flow inside pipes, the correlation of Nusselt number is suggested by Sieder
and Tate (Serth, 2014) as

D U3 0.14
Nu =1.86(Re-Pr-TJ (ﬂj for Re <2100 (2.42)
n

where Pr [-] and L [m]are the Prandtl number and the length of the flow pass, respectively. x [Pa‘s] and
us [Pa-s] are the dynamic viscosity of the working mediums corresponding to the bulk temperature of the

working medium and the wall temperature, respectively. Re [-] is Reynolds number, defined as

Re=YD (2.43)
1%

where u [m/s] and v [m?/s] are the mean velocity and the kinematic viscosity of the working medium,

respectively. For transitional flow inside pipes, Nusselt number is given by Hausen (Serth, 2014) as

0.14
Nu =0.116(Re”* ~125)Pr'”° [1+ (D/ L)m}[ﬁ] for 2100 < Re <10°* (2.44)
Hs

For turbulent flow inside pipes, the Sieder-Tate equation (Serth, 2014) is used as

0.14
Nu = 0.023Re*®Pr3 [ij for Re>10" (2.45)
s

Then the heat transfer coefficient of the heat exchanger, U , can be calculated, according to Equations
(2.40) - (2.45).

With respect to the pressure loss AP in heat exchanger, for convenience, the equation for calculating the

pressure drop for pipe flow is adopted in this chapter as (Massoud, 2005)
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2
AP =2 LAY
D 2

(2.46)

where p [kg/m®] is the density of working medium; 4 [-] is the friction factor, a dimensionless empirical
factor that is a function of Reynolds number. According to different flow states, friction factor 4 has

different expressions as follows.

For fully developed laminar flow, the friction factor A can be defined as (Massoud, 2005)

A= 2—4 for Re <2000 (2.47)
e

For transitional flow when 2000<Re<4000, friction factor A is given by 3aituenxoas’s formula (Chen,
2012)

4=0.0025-3Re for 2000 < Re < 4000 (2.48)

When Re>4000, friction factor A is not only the function of Re, but also the function of relative

roughness. Then in accordance with Anstugyns’s formula (Chen, 2012), A can be defined as

o 687
A= 0.11(B + R—j for Re>4000 (2.49)
e

where o [m] is the equivalent absolute roughness; /D is the relative roughness.

Then the pressure loss in heat exchanger, AP, can be calculated by Equations (2.46) — (2.49).
§ 2.4 Conclusions

In this Chapter, the basic design methods of heat exchanger are introduced at first. Then, based on the
objective function, the number of entropy production units, Ns, the detailed derivation process of the
objective function for three kinds of heat exchangers (air-to-air, water-to-water, and air-to-water) are
carried out by us independently, which will provide the fundamental basis for the analysis and

optimization of heat exchanger in the following.
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Chapter 3 Sensitivity analysis of Nsyt and Nspp
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In order to clarify the proportion of irreversible loss due to heat transfer and pressure loss,
respectively, to make sense of the main inducement of irreversible process in the heat exchanger for
different working mediums, the values of Ns,r and Ns,p of above-mentioned three kinds of heat

exchangers are compared as follows by using the corresponding equations in Chapter 2.

8§ 3.1 Calculation conditions of case study

As shown in Figure 3.1, for convenience, the analysis object is simplified into a simple counter-flow
indirect contact type heat exchanger unit. For both high/low temperature working mediums, the cross
section of flow pass is assumed as square with a constant side length, 5mm; the inlet temperature of low
temperature working medium is set as a constant value, 5°C. Meanwhile, the Reynolds numbers of

high/low temperature working mediums are assumed to be same for each case in calculation.

Figure 3.1 Analysis object

As for the case study, three types of heat exchanger with three kinds of inlet temperature differences,
three kinds of length-to-diameter ratios, and nine kinds of inlet Reynolds numbers, namely 243 cases are
calculated, as shown in Table 3.1.

Table 3.1 Properties of heat exchangers

Type of heat exchanger Air-to-air, water-to-water, air -to-water

Inlet temperature difference 10°C, 15°C, 20°C (Inlet temp of low temp working medium: 5°C)

Length-to-diameter ratio 80, 120, 160 (Hydraulic diameter: 5mm)

Inlet Reynolds number 100, 300, 1000, 3000, 5000, 8000, 10000, 12000, 15000
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With respect to the physical property parameters of the working mediums in each case, due to the
uncertainty of outlet temperature in the calculation formulas as shown in Equations (2.35)-(2.38),
for simplicity, the physical property parameters of high/low temperature working mediums at the
average inlet temperature are adopted in each case. Meanwhile, in order to ignore the effect of
temperature change on the physical property parameters of the working mediums, the dynamic

viscosity ratio, (u/us)’™, in Equations (2.42), (2.44), and (2.45) are assumed to be the value of 1.

In order to clarify the effect of the type of working medium, the inlet temperature difference, the length-
to-diameter ratio, and the Reynolds number on the value of ¢, Ns, NSat, Nsap and the Ns,p -to-Ns ratio,

the corresponding sensitivity analysis are carried out as follows.

§ 3.2 Analysis of air-to-air heat exchanger

3.2.1 Analysis of Ns,r and Nsp in different length-to-diameter ratios

When the inlet temperature difference is fixed at 10°C, the trend of &, NS, NSar, NSap, and Nsp -to-Ns
ratio varying with Reynolds number at different length-to-diameter ratios are shown in Figures 3.2 — 3.5,

respectively.

70% 1.4E-01

—eo— & (length-to-diameter ratio: 80)
—— & (length-to-diameter ratio: 120)
—&— £ (length-to-diameter ratio: 160)
—o— Ns (length-to-diameter ratio: 80)
—— Ns (length-to-diameter ratio: 120)
—o— Ns (length-to-diameter ratio: 160)

60% 1.2E-01

50% 1.0E-01

40%

—

8.0E-02

[-
Ns [-]

W
30% 6.0E-02

£

20% 4.0E-02
10% 2.0E-02
0% 0.0E+00
0 1500 3000 4500 6000 7500 9000 10500 12000 13500 15000
Re [-]

Figure 3.2 Variation trends of ¢ and Ns at three different length-to-diameter ratios

As shown in Figure 3.2, the variation trend of the effectiveness of heat exchanger ¢ and the number of
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entropy production units Ns is different. By and large, ¢ decreases with the increase of Reynolds number,
and Ns is the opposite. But when the working medium is in transitional flow, & increases slightly with the
increase of Reynolds number. The reason for this is that: NTU has a positive correlation with ¢ from
Equation (2.15). The heat transfer coefficient U and mass flow rate r, as part of the numerator and
denominator in the definition of NTU (Equation 2.12), respectively, increase with the increase of
Reynolds number. But 1 increase faster than U in laminar and turbulent flow, and increase more slowly
than U in transitional flow, so that is why ¢ has this trend varying with the increase of Reynolds number.
Moreover, it is noted that the heat exchanger has higher effectiveness when the working medium is in
laminar flow that is why lower Reynolds number of the working medium is adopted by many high-

effective heat exchangers, such as plate-fin heat exchanger.
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Figure 3.3 Variation trends of Ns,r at three different length-to-diameter ratios
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Figure 3.4 Variation trends of Ns,p at three different length-to-diameter ratios

In addition, with respect to the effect of length-to-diameter ratios, it can be seen that both ¢ and Ns
increase with the increase of length-to-diameter ratios except for the value of Ns at the Reynolds number
of 100 and 300. The reason can be found from Figures 3.3 — 3.5. Nsar and Ns,p decreases and increases,
respectively, with the increase of length-to-diameter ratio, as shown in Figures 3.3 and 3.4. But the Ns,p

-to-Ns ratio is smaller at lower Reynolds number as shown in Figures 3.5; therefore the effect of the
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decrease of Ns,r on the value of Ns varying with the increase of length-to-diameter ratio is more obvious
when the Reynolds number is 100 and 300. We can learn that at low Reynolds number, higher length-to-

diameter ratio helps to obtain higher heat-transfer efficiency and lower irreversible loss.

In addition, by comparing Figures 3.2 and 3.3, it can be seen that there is a strong negative correlation
between the effectiveness of heat exchanger ¢ and the number of entropy production units Ns. It is

because Ns,tis only the function of ¢ but not the pressure loss of the heat exchanger, as shown in

Equation 2.37.
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Figure 3.5 Variation trends of Ns,p-to-Ns ratio at different length-to-diameter ratios

In regard to the Nsap -to-Ns ratio, as shown in Figures 3.5, at any Reynolds number, Ns,p -to-Ns ratio
increases with the increase of the length-to-diameter ratio, but the rising range decreases step by step
with the increase of Reynolds number. In addition, for any length-to-diameter ratio, the Ns,p -to-Ns ratio
is about 0% — 50% when the Reynolds number is 100 — 1000 and reach to high value rapidly when the
Reynolds number is 3000 — 15000. Therefore, for air-to-air heat exchanger, the irreversible loss is
mainly caused by heat transfer at lower Reynolds number and by pressure loss at higher Reynolds

number.

3.2.2 Analysis of Ns,r and Nsp at different inlet temperature differences

When the length-to-diameter ratio is fixed at 80, the trend of &, Ns, Nsar, Nsap, and Nsup -to-Ns ratio
varying with Reynolds number at different inlet temperature differences are shown in Figures 3.6 — 3.9,

respectively.
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Figure 3.6 Variation trends of £ and Ns at three different inlet temperature differences
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Figure 3.7 Variation trends of Ns,r at three different inlet temperature differences
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Figure 3.8 Variation trends of Nsyp at three different inlet temperature differences

As shown in Figure 3.6, the variation trends of the effectiveness of heat exchanger ¢ and the number of
entropy production units Ns at different inlet temperature differences are same with Figure 3.2. It can be

also noted that higher effectiveness can be obtained when the working medium is in laminar flow. In
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addition, with respect to the effect of inlet temperature differences, it can be seen that ¢ is not sensitive to
the change of inlet temperature difference; Ns increases slightly with the increase of inlet temperature
difference. With respect to the variation trends of Ns,t and Nsap, Nsar also increases slightly with the
increase of inlet temperature difference, but Ns,p remains almost the same with increasing inlet
temperature difference.

100%
90%

W inlet temperature difference: 10°C
BEinlet temperature difference: 15°C
80% | minlet temperature difference: 20°C
70%
60%
50%
40%
30%
20%
10%

0%

Ns,p-to-Ns ratio [-]

100 300 1000 3000 5000 8000 10000 12000 15000
Re

Figure 3.9 Variation trends of Ns,p-to-Ns ratio at different inlet temperature differences

In regard to the Nsap -to-Ns ratio, as shown in Figures 3.9, at any Reynolds number, Ns,p -to-Ns ratio
decreases with the increase of the inlet temperature difference, but the falling range decreases step by
step with the increase of Reynolds number. In addition, for any inlet temperature difference, the Nsyp -to-
Ns ratio is about 0% — 50% when the Reynolds number is 100 — 1000 and reach to high value rapidly
when the Reynolds number is 3000 — 15000.

3.2.3 Conclusion

For air-to-air heat exchanger defined in section 3.1, it can be seen based on above analysis as follows:

(1) The effectiveness of heat exchanger ¢ increases with the increase of length-to-diameter ratio but is
not sensitive to the change of inlet temperature difference.

(2) The number of entropy production units due to heat transfer, Ns,r, decreases with the increase of
length-to-diameter ratio, and increases with the increase of inlet temperature difference.

(3) The number of entropy production units due to pressure loss, Nsxp, increases with the increase of
length-to-diameter ratio, but is not sensitive to the change of inlet temperature difference.

(4) The Nsap-to-Ns ratio increases with the increase of the length-to-diameter ratio, and decreases with
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the increase of the inlet temperature difference.
(5) The irreversible loss is mainly caused by heat transfer at lower Reynolds number and by pressure

loss at higher Reynolds number.
§ 3.3 Analysis of water-to-water heat exchanger

3.3.1 Analysis of Ns,r and Nsp in different length-to-diameter ratios

When the inlet temperature difference is fixed at 10°C, the trend of &, NS, Nsar, NSap, and Ns,p -to-Ns
ratio varying with Reynolds number at different length-to-diameter ratios are shown in Figures 3.10 —

3.13, respectively.

Unlike the variation trends of ¢ and Ns for air-to-air heat exchanger in Figure 3.2, it can be seen from
Figure 3.10 that for water-to-water heat exchanger, at any Reynolds number, ¢ increases with the
increase of length-to-diameter ratio, and Ns decreases with the increase of length-to-diameter ratio. The
reason can be found from Figures 3.11 — 3.13. Ns,t decreases with the increase of length-to-diameter
ratio, but Ns,p is not sensitive to the increase of length-to-diameter ratio, as shown in Figures 3.11 and
3.12. In addition, the Nssp -to-Ns ratio is only less than 2.5% at any Reynolds number as shown in

Figures 3.13; therefore the variation trend of Ns is exactly the same with that of Ns,t at any Reynolds

number.
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Figure 3.10 Variation trends of ¢ and Ns at three different length-to-diameter ratios
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Figure 3.11 Variation trends of Ns,r at three different length-to-diameter ratios
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Figure 3.12 Variation trends of Ns,p at three different length-to-diameter ratios

Moreover, as shown in Figure 3.13, the Ns,p -to-Ns ratio also increases with the increase of length-to-
diameter ratios, like Figure 3.5, but the difference is that the rising range increases step by step with the

increase of Reynolds number in Figure 3.13.
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Figure 3.13 Variation trends of Ns,p-to-Ns ratio at different length-to-diameter ratios
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3.3.2 Analysis of Ns,r and Nsp at different inlet temperature differences

When the length-to-diameter ratio is fixed at 80, the trend of &, Ns, Nsar, Nsap, and Nsup -to-Ns ratio
varying with Reynolds number at different inlet temperature differences are shown in Figures 3.14 —
3.17, respectively.
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Figure 3.14 Variation trends of ¢ and Ns at three different inlet temperature differences
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Figure 3.15 Variation trends of Ns,r at three different inlet temperature differences
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Figure 3. 16 Variation trends of Nsyp at three different inlet temperature differences
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Figure 3.17 Variation trends of Ns,p-to-Ns ratio at different inlet temperature differences

It can be seen from Figure 3.14 that for water-to-water heat exchanger, Ns increase with the increase of
inlet temperature difference at any Reynolds number but ¢ is not sensitive to the increase of inlet
temperature difference. The variation trend of Ns is quite the same with that of Ns,r. The reason is also
due to the low Nsxp -to-Ns ratio at any Reynolds number as shown in Figures 3.17. In addition, just as
that of air-to-air heat exchanger, Ns,p is also not sensitive to the changer of inlet temperature difference,

but increases slightly with the increase of inlet temperature difference at higher Reynolds number.

In regard to the Nsup -to-Ns ratio, as shown in Figures 3.17, at any Reynolds number, Ns,p -to-Ns ratio
also decreases with the increase of the inlet temperature difference, like Figure 3.9. But the falling range
increases step by step with the increase of Reynolds number, which is just opposite to Figure 3.9. In

addition, for any Reynolds number, the Ns,p -to-Ns ratio is less than 2.5%.

3.3.3 Conclusion

For water-to-water heat exchanger defined in section 3.1, some conclusions can be obtained based on
above analysis. Compared with air-to-air heat exchanger, the conclusions (1), (2), (4) expressed in
section 3.2.3 are also applicable for water-to-water heat exchanger. For conclusion (3), the number of
entropy production units due to pressure loss, Ns,p, is not sensitive to the increase of length-to-diameter
and inlet temperature difference but increases slightly with the increase of inlet temperature difference at
higher Reynolds number for water-to-water heat exchanger. For conclusions (5), the irreversible loss of

water-to-water heat exchanger is mainly caused by heat transfer at any Reynolds number.
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8 3.4 Analysis of air-to-water heat exchanger
Air is assumed to be the high temperature working medium in this section.

3.4.1 Analysis of Ns,r and Nsp in different length-to-diameter ratios

When the inlet temperature difference is fixed at 10°C, the trend of &, NS, Nsar, NSsp, and Ns,p -to-Ns
ratio varying with Reynolds number at different length-to-diameter ratios are shown in Figures 3.18 —
3.21, respectively.
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Figure 3.18 Variation trends of ¢ and Ns at three different length-to-diameter ratios
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Figure 3.19 Variation trends of Ns,r at three different length-to-diameter ratios
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Figure 3.20 Variation trends of Ns,p at three different length-to-diameter ratios

The variation trends of ¢ and Ns similar to those shown in Figure 3.2 can be seen from Figure 3.18. Due
to the low Ns,p-to-Ns ratio at low Reynolds number, the variation trend of Ns with length-to-diameter
ratio is identical with that of Ns,t at low Reynolds number, and is identical with that of Ns,p at higher

Reynolds number, as shown in Figures 3.18 — 3.20.

In regard to the Ns,p -to-Ns ratio, for any length-to-diameter ratio, the Ns,p -to-Ns ratio is about 0% — 50%
when the Reynolds number is 100 — 3000 and reach to high value rapidly when the Reynolds number is
5000 — 15000, as shown in Figure 3.21.
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Figure 3.21 Variation trends of Ns,p-to-Ns ratio at different length-to-diameter ratios

3.4.2 Analysis of Ns,r and Nsp at different inlet temperature differences

When the length-to-diameter ratio is fixed at 80, the trend of &, NS, Nsar, NSap, and Nsp -t0-Ns ratio

varying with Reynolds number at different inlet temperature differences are shown in Figures 3.22 —
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3.25, respectively.
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Figure 3.22 Variation trends of ¢ and Ns at three different inlet temperature differences
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Figure 3.23 Variation trends of Ns,r at three different inlet temperature differences
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Figure 3.24 Variation trends of Ns,p at three different inlet temperature differences

As shown in Figure 3.22, just like above-mentioned two kinds of heat exchangers, ¢ is not sensitive to
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the change of inlet temperature difference; Ns increases with the increase of inlet temperature. The
variation trend of Ns,r and Ns,p are also the same with those of above-mentioned two kinds of heat
exchangers. Ns,tincreases with the increase of inlet temperature and Ns,p is not sensitive to the change

of inlet temperature difference, as shown in Figures 3.23 and 3.24.

In regard to the Ns,p -to-Ns ratio, as shown in Figure 3.25, for the inlet temperature difference of 10°C,
the Ns,p -to-Ns ratio is about 0% — 50% when the Reynolds number is 100 — 1000 and reach to 50% —
100% when the Reynolds number is 3000 — 15000; for the inlet temperature difference of 15°C, the NSp
-to-Ns ratio is about 0% — 50% when the Reynolds number is 100 — 3000 and greater than 50% when the
Reynolds number is 5000 — 15000; for the inlet temperature difference of 20°C, the Nsap -to-Ns ratio is
about 0% — 50% when the Reynolds number is 100 — 5000 and greater than 50% when the Reynolds
number is 8000 — 15000.
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Figure 3.25 Variation trends of Ns,p-to-Ns ratio at different inlet temperature differences

3.4.3 Conclusion

For air (high temp.)-to-water (low temp.) heat exchanger defined in section 3.1, the conclusions

expressed in section 3.2.3 are also applicable for air (high temp.)-to-water (low temp.) heat exchanger.

8§ 3.5 Comparison of three kinds of heat exchangers

For convenience, the value of ¢, Ns, Nsat, NSap, and Ns,p -to-Ns ratio of above-mentioned three kinds

heat exchangers are compared when the length-to-diameter ratio and inlet temperature difference are
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fixed at 10°C and 80, respectively, as shown in Figures 3.26 — 3.30.

It can be seen from Figure 3.26 that under the same baseline, at any Reynolds number, the air-to-water
heat exchanger achieves the highest effectiveness, the air-to-air heat exchanger is the second, and the
water-to-water heat exchanger is the least. Therefore, a smaller heat capacity rate ratio helps to gain
higher effectiveness of heat exchanger. In addition, for both air-to-air and water-to-water heat
exchangers, the heat capacity rate is 1 under the setting conditions of this study, and then the
effectiveness of heat exchanger is only the function of NTU, and is proportional to the value of NTU, as
shown in Equation (2.14). Due to the smaller heat capacity of air, air-to-air heat exchanger will obtain
the higher value of NTU from Equation (2.12). Therefore, the effectiveness of air-to-air heat exchanger

is larger than that of water-to-water heat exchanger.
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Figure 3 26 Variation trends of ¢ for three kinds of heat exchangers
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Figure 3.27 Variation trends of Ns for three kinds of heat exchangers

In addition, it can be seen from Figure 3.28 that the value of Ns,tincreases following the order of air-to-
air, air-to-water, and water-to-water at any Reynolds number. But the value of Nsyp increases following

the opposite order as shown in Figure 3.29.
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With respect to the comparison of Ns for three kinds of heat exchangers, as shown in Figures 3.27, when
the Reynolds number is equal or greater than 1000, the ascending order of Ns for three kinds of heat
exchangers is quite the same with that of Nspp; when the Reynolds number is less than 1000, the

ascending order of Ns for three kinds of heat exchangers mainly consistent with that of Ns,t.
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Figure 3.28 Variation trends of Ns,t for three kinds of heat exchangers
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Figure 3.29 Variation trends of Ns,p for three kinds of heat exchangers
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Figure 3.30 Variation trends of Ns,p -to-Ns ratio for three kinds of heat exchangers
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For the Ns,p -to-Ns ratio, the ascending order of Ns,p -to-Ns ratio for three kinds of heat exchangers is
water-to-water, air-to-water, and air-to-air, as shown in Figure 3.30. For water-to-water heat exchanger,
the irreversible loss is caused by heat transfer at any Reynolds number. For air-to-water and air-to-air
heat exchangers, the irreversible loss is mainly caused by heat transfer at lower Reynolds number and by

pressure loss at higher Reynolds number.

8§ 3.6 Conclusions

In this Chapter, the values of Ns,t and Ns,p of three kinds of heat exchangers are compared under three
kinds of inlet temperature differences, three kinds of length-to-diameter ratios, and nine kinds of inlet

Reynolds numbers. Some conclusions are obtained as follows.

For air-to-air heat exchanger, the effectiveness of heat exchanger & increases with the increase of length-
to-diameter ratio but is not sensitive to the change of inlet temperature difference.; the number of
entropy production units due to heat transfer, Ns,r, decreases with the increase of length-to-diameter
ratio, and increases with the increase of inlet temperature difference; the number of entropy production
units due to pressure loss, Nssp, increases with the increase of length-to-diameter ratio, but is not
sensitive to the change of inlet temperature difference; the Ns,p -to-Ns ratio increases with the increase
of the length-to-diameter ratio, and decreases with the increase of the inlet temperature difference; the
irreversible loss is mainly caused by heat transfer at lower Reynolds number and by pressure loss at

higher Reynolds number.

For water-to-water heat exchanger, the number of entropy production units due to pressure 10ss, NSap, iS
not sensitive to the increase of length-to-diameter and inlet temperature difference but increases slightly
with the increase of inlet temperature difference at higher Reynolds number for water-to-water heat
exchanger. In addition, the irreversible loss of water-to-water heat exchanger is mainly caused by heat
transfer at any Reynolds number. Other conclusions are same with those of air-to-air heat exchanger

except for the above-mentioned two conclusions.

For air (high temp.)-to-water (low temp.) heat exchanger, conclusions are quite the same with those of

air-to-air heat exchanger.

For the comparison of three kinds of heat exchangers, under the same baseline, at any Reynolds number,
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the air-to-water heat exchanger achieves the highest effectiveness, the air-to-air heat exchanger is the
second, and the water-to-water heat exchanger is the least. The value of Ns,t increases following the
order of air-to-air, air-to-water, and water-to-water at any Reynolds number, but the value of Nssp
increases following the opposite order. With respect to the comparison of Ns for three kinds of heat
exchangers, when the Reynolds number is equal or greater than 1000, the ascending order of Ns for three
kinds of heat exchangers is quite the same with that of Nsxp; when the Reynolds number is less than
1000, the ascending order of Ns for three kinds of heat exchangers mainly consistent with that of Ns,t.
For the Ns,p -to-Ns ratio, the ascending order of Nsap -to-Ns ratio for three kinds of heat exchangers is
water-to-water, air-to-water, and air-to-air. For water-to-water heat exchanger, the irreversible loss is
caused by heat transfer at any Reynolds number. For air-to-water and air-to-air heat exchangers, the
irreversible loss is mainly caused by heat transfer at lower Reynolds number and by pressure loss at
higher Reynolds number.
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Chapter 2 represents the expressions of the objective functions for thermodynamic optimization of three
kinds of heat exchangers. By using those expressions, in Chapter 3, the sensitivity analysis is carried out
based on an assumed theoretical heat exchanger for clarifying the main inducement of irreversible
process in the heat exchanger for different working mediums. In this chapter, the thermodynamic fin-
optimization of a specific type heat exchanger, namely plate-fin heat exchanger, is conducted by using

above-mentioned objective functions.

8 4.1 Introduction

Plate-fin heat exchangers are widely used in cryogenics and the aerospace industry because of their
compactness and high thermal efficiency. As the secondary heat transfer surface, the fin is regarded as
the most important heat transfer component in plate-fin heat exchangers, and its size is closely related to
the heat transfer characteristics and pressure losses of the heat exchanger. Thus, optimizing the shape of
plate-fin heat exchangers is important for their effectiveness and economy. In previous studies, the
working media of plate-fin heat exchangers were often gas-to-gas or gas-to-liquid (Wen, 2007; Peng,
2008; Rao, 2013; Zhao, 2013). There are not many applications and studies of plate-fin heat exchangers
in water systems for air-conditioning applications. Therefore, in this chapter, a water-to-water plate-fin
heat exchanger applied to an air-conditioning system is studied. The fin height, fin pitch, fin thickness,
and fin length are considered as four design parameters that need to be optimized. The genetic algorithm

(GA), a widely used method for optimization, is adopted in this study.

As mentioned in the former Chapters, any heat transfer process is characterized by two types of losses,
heat transfer through a finite temperature difference and a pressure drop in the heat transfer fluids (Singh,
2008), which correspond to Ns due to heat transfer (Nsar) and Ns due to friction (Nsxp), respectively. To
determine the proportion of Ns,t and Nsup in a water-to-water plate-fin heat exchanger, in this Chapter,
Nsat, Nsap, and Ns are considered as three single objective functions in the single objective optimization.
Moreover, in order to avoid the possibility of significant increase in pump power, the multi-objective

optimization is also conducted by taking Ns,t and Nsxp as the objective function respectively.

On the other hand, in design calculation of plate-fin heat exchangers, the comprehensive surface
efficiency of the primary (plate) and secondary (fin) heat transfer surfaces is deduced assuming that the
convective heat transfer coefficients of the plate and fin are the same (Kuppan, 2002; Kays, 1984; Wang,

1984). Actually, their values differ more or less according to the fin size (Wang, 2009). To obtain more
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precise results, the formula for calculating the comprehensive surface efficiency is modified by defining

the convective heat transfer coefficients of the plate and fin as independent parameters.

Further, in the calculation of the convective heat transfer coefficients, the Colburn heat transfer factor j
(Colburn factor for short) and Fanning friction factor f (Fanning factor for short) are generally adopted.
In previous research, the Colburn and Fanning factors were often calculated using empirical equations
(Mishra, 2009; Zarea, 2013; Pater, 2014; Sanaye, 2010). However, their values are generally greatly
affected by the type of working media, the heat exchanger material, the fin size, and so on. According to
the research of Hu and Herold (1995), for a liquid working medium, the value of the Colburn factor
calculated using an empirical equation for air is approximately twice that calculated using experimental
data for liquid at the same Reynolds number. Therefore, using empirical equations blindly might
produce large errors in the calculation of the Colburn and Fanning factors. On the other hand, an
experimental study might require time and money to obtain more precise results. Computational fluid
dynamics (CFD), which has been used extensively in many fields of industry, can offer a simple high-

precision method.

In light of the above, in this Chapter, a water-to-water plate-fin heat exchanger is taken as the research
object. The convective heat transfer coefficients of the plate and fin are defined as independent
parameters in the optimization, and their values are calculated by applying the multiple regression
analysis equation to numerical simulation results. Nsat, NSap, and Ns are considered as three single
objective functions. Finally, according to the single objective optimization and multi-objective

optimization, the optimal structural parameters of the heat exchanger are obtained using GA (Yin 2015).
8 4.2 Thermal modelling of plate-fin heat exchanger

4.2.1 Basic components of plate-fin heat exchanger

According to the flow arrangement, there are three primary flow arrangements for a plate-fin heat
exchanger: parallel flow, counter-flow, and cross flow. Thermodynamically, the counter-flow
arrangement provides the highest heat (or cold) recovery, as mentioned in Chapter 2, therefore, only the

counter-flow plate-fin heat exchanger is analyzed in this Chapter.

As shown in Figure 4.1, for plate-fin heat exchanger, corrugated metal fins are placed between flat plates.
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The structure is joined together by brazing. The fins have the dual purpose of holding the plates get
together, thus containing pressure, and of forming a secondary (fin) surface for heat transfer. With
respect to the types of fin surface, there are mainly six kinds of fin surfaces, as shown in Figure 4.2. In

this study, the most basic type, plain rectangular, is adopted for the calculation.

(f)

Figure 4.2 Types of plate fin surfaces: (a) Plain rectangular (b) Plain trapezoidal (c)
Wavy (d) Serrated or offset strip fin (e) Louvered (f) Perforated (Alur, 2012)

JTH I

S

Figure 4.3 Basic components of a plate-fin heat exchanger
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The basic components of a plate-fin heat exchanger are shown is Figure 4.3, where H [m], 6 [m], S [m],
L [m], B [m], x [m], y [m] are the fin height, fin thickness, fin pitch, fin length, effective width of fin,
inner width and inner height of the fin, respectively.

4.2.2 Thermal modelling

Based on Figure 4.3, the total heat transfer surfaces F [m?] for a hot or cold working medium of n layers

is defined as

E_ 2(x+ y)nBL 4.1)
S
where x [m] and y [m] are the inner width and inner height of the fin, respectively:
X=S-0 4.2)
y=H-¢6 (4.3

The area of the primary (plate) and secondary (fin) heat transfer surfaces, F; [m?] and F, [m?],

respectively, are defined as follows:

X

F = F

T @4)
y

F,= F

X1y #5)

Therefore, the heat flux through the primary and secondary heat transfer surfaces, ¢,[W] and @, [W],

respectively, are obtained as follows:

Q=a,F(T,-T) (4.6)
Q,=a,F,(T,-T) (4.7)
where Ty, [K], T [K], and T [K] are the surface temperature of the plate, surface temperature of the fin,

and temperature of the working medium, respectively. Further, a,, [W/m*K] and a, [W/m*-K] are the

convective heat transfer coefficients of the plate and fin, respectively, which can be obtained as follows
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(Kuppan, 2002):

~ ic,G

=5 (4.8)

where ¢, [J/kg-K], G [kg/m?-s], and Pr [-] are the specific heat at constant pressure, mass flow rate, and
Prandtl number, respectively. Further, j [-] is the Colburn factor, which is calculated by multiple

regression analysis of the numerical simulation results in section 4.3 (Dong, 2002):

. aPr??
J =

ch

=aRe’(L/D)(H /D) (§/D) (4.9)

where a, d, e, i, and r are factors [-], and Re [-] and D [m] are the Reynolds number and equivalent

diameter, respectively, of a single flow section. Re and D are defined as

Re—C.. D 102_58D 1p¢ (4.10)
p ulp U
4x 2X
D= _ 2% (4.12)
2(x+y) x+y

where p [kg/m®] and u [Pa‘s] are the density and dynamic viscosity, respectively, of the working
medium. Accordingly, the pressure loss of the heat exchanger, AP [Pa], and the corresponding Fanning
factor f [-] can be obtained as follows (Kuppan, 2002; Dong, 2007):

2
AP — 42‘°L§ (4.12)
Yo,
f =%§5=a’Re“'(L/ D)’ (H /D) (5/D) (4.13)

where a’, d’, e, i’, and r’ are factors [-]. The heat flux through the secondary heat transfer surfaces can
generally be defined as follows, assuming that the convective heat transfer coefficients of the plate and
fin are the same (Wang, 1984):

Q, =a,Fn; (T,-T) (4.14)
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where 7; [%] is the fin efficiency, which is defined as

My =—" (4.15)
Then, according to Equations (4.4), (4.5), (4.6), and (4.14) and the total heat flux, defined as

Q=0Q,+Q,=a,Fn,(T,-T) (4.16)

the comprehensive surface efficiency of the primary and secondary heat transfer surfaces 7o [%] is
defined as (Kuppan, 2002; Kays, 1984; Wang, 1984)

no=1—xfy(1—m) (4.17)

To obtain more precise results, Equation (4.14) is modified as follows by considering the convective

heat transfer coefficients of the plate and fin as independent parameters:

Q, =a, R, (TW—T)-Z—"‘ (4.18)

w

Therefore, from Equations (4.4), (4.5), (4.6), (4.16), and (4.18), the comprehensive surface efficiency of the

primary and secondary heat transfer surfaces is modified as

77°:1_xi/y(1_77’ %j (4.19)

where 7z is defined as follows (Wang, 1984) on the basis of Equation (4.15):

_ tan(awb)

" (4.20)

f

Here b [m] is the size dimension of the secondary heat transfer surfaces, which is determined by the

arrangement of high-/low-temperature channels. For a staggered arrangement, b is defined as
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H
b=— 421
5 (4.21)
Further, w is defined as
w:\/Z[ll(llaerR)] “.22)
Ao

where R [m*K/W] and 2 [W/m-K] are the fouling resistance and thermal conductivity of the fin,

respectively.

According to Equation (4.16), the heat flux of the high-/low-temperature working media are obtained as

Qh =0y I:ohﬂoh (Th _TW) (423)
Qc =y Focnoc (TW _Tc) (424)
where the subscripts h and ¢ represent the high-/low-temperature working media, respectively. For

steady-state heat transfer, Q, = Q. = Q, the temperature difference between the high-/low-temperature

working media can be defined as follows on the basis of Equations (4.23) and (4.24):

Th—TCZQE L 1 J (4.25)

awh I:oh noh awc Foc noc

Therefore, the total heat transfer coefficients corresponding to the high-/low-temperature channels are

defined as follows:

1
K =
R S S Y (4.26)
awh 770h awc noc Foc
1
K, =
1 1 R (4.27)

awc noc awh 77oh I:oh
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where Ky [W/m?K] and K, [W/m*K] are the total heat transfer coefficients for the high-/low-
temperature channels, respectively. Then, based on Equation (2.12), the number of transfer units (NTU)

of the plate-fin heat exchanger can be defined as (Kays, 1984)

K.Fn  K.F

c_ oc

NTU =
(Cpm)min (Cpm)min

(4.28)

Then, according to Equations (2.14), (2.34), (2.35), and (2.37), the objective functions of water-to-water

plate-fin heat exchanger can be calculated.

8 4.3 Numerical simulation

To determine the coefficients in the expressions of the Colburn factor and Fanning factor [Equations.
(4.9) and (4.13), respectively], the corresponding necessary parameters are obtained by numerical

simulation.

4.3.1 Reliability of CFD software

To ensure the reliability of the CFD software used in this analysis, a validation calculation is first
performed for comparison with the experimental results (Kays, 1984). As shown in Figure 4.4, the
calculation region is a small rectangular area of the low temperature channel (enclosed by the dotted
line).

\

Figure 4.4 Calculation region

The length of the calculation region is set to 600 mm. The fin sizes are set to the same values as in the
experiments (Kays, 1984): 10.3 mm (fin height), 0.254 mm (fin thickness), and 4.1 mm (fin pitch). The
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number of grids in the calculation region is 1,723,200. A steady simulation is adopted assuming laminar

flow with flow rates of 128, 160, 192, 240, and 320 kg/(m*:s). The temperature of the upper and lower

boundaries and the inlet temperature of the working medium are set to 350 K and 283 K, respectively.

The physical properties of the working medium are assumed to be invariant with temperature. The

thermal conductivity of the plate and fin is set to 202 W/(m-K). The other calculation conditions are

shown in Table 4.1.

Table 4.1 Calculation conditions

Inlet boundary

Constant flow rate

Outlet boundary Constant pressure (0 Pa)
Lateral boundary Symmetric

Fluid region Water

Solid region Aluminium

Density 997.561 [kg/m’]

Dynamic viscosity

0.0008887 [Pa-s]

Specific heat

4181.72 [Ikg-K]

Thermal conductivity

0.620271 [W/m-K]
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—O—j-CFD

—a— f-experiment
——{-CFD

Colburn factor j & Fanning factor f

0.000

800 1000 1200

1400
Re

1600 1800 2000

Figure 4.5 Comparison of numerical simulation results and experimental results

According to the convective heat transfer coefficient and pressure loss obtained by CFD, the Colburn

factor j and Fanning factor f of the plate and fin can be calculated using Equations (4.9) and (4.13). For

easy comparison with the experimental results, the average convective heat transfer coefficients of the
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plate and fin are adopted in the calculation. As shown in Figure 4.5, the numerical simulation results are
in good agreement with the experimental results. The average errors of the Colburn and Fanning factors

are 5% and 8%, respectively.

In addition, it can be seen that the difference between f-experiment and f-CFD becomes larger when the
Reynolds number decreases in Figure 4.5. As for the reason of this trend, at first, factor f is the function
of pressure loss. Meanwhile, pressure loss is also the function of coefficient of friction. In numerical
simulation, the surfaces of plate and fin are assumed to be smooth. But as for the real plate-fin heat
exchanger in the experiment, the surfaces of plate and fin have a certain amount of roughness. With
regard to the smooth surface, the coefficient of friction is mainly affected by the Reynolds number. But
for the rough surface, the coefficient of friction is also affected by the surface roughness. And the effect
of surface roughness on the value of coefficient of friction will increase with the decrease of Reynolds
number and decrease with the increase of Reynolds number. Therefore, that is why the difference

between f-experiment and f-CFD becomes larger when the Reynolds number decreases.

4.3.2 Simulation object and conditions

In the plate-fin heat exchanger, the characteristic scales of the length and flow section are meter-scale
and millimeter-scale, respectively. Therefore, it is very difficult to simulate the entire heat exchanger

with the existing computing power. Only the region within the dotted line in Figure 4.6 is simulated.

_|- —?’

Figure 4.6 Simulation object

The upper and lower portions of the calculation region are high-temperature channels, and the middle
portion is a low-temperature channel. The thickness of the plate is set to 0.6 mm. The fin size and flow
rates of the high- and low-temperature channels are assumed to be the same. A steady simulation is

adopted assuming laminar flow. The inlet temperature of the high-/low-temperature working media and
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the thermal conductivity of the plate and fin are set to 290 K, 283 K, and 237 W/(m-K), respectively.
The physical properties of the working media are assumed to be invariant with temperature. The other

calculation conditions are the same as in Table 4.1.

Table 4.2 Simulation conditions

Case Height | Thickness | Pitch | Length Mass flow rate
[mm] [mm] | [mm] | [mm] [kg/m?-s]
1 2.0 0.1 14 800 60, 160, 260, 360, 460
2 2.0 0.2 2.1 900 | 560, 660, 760, 860, 960
3 2.0 0.3 3.2 1000 | 60, 160, 260, 360, 460
4 2.5 0.1 14 1000 | 560, 660, 760, 860, 960
5 2.5 0.3 3.2 800 60, 160, 260, 360, 460
6 2.5 0.2 21 900 | 560, 660, 760, 860, 960
7 3.0 0.2 2.1 1000 | 60, 160, 260, 360, 460
8 3.0 0.1 14 900 | 560, 660, 760, 860, 960
9 3.0 0.3 3.2 800 60, 160, 260, 360, 460

Forty-five cases are simulated, as shown in Table 4.2, including three fin heights (2, 2.5, and 3 mm),
three fin thicknesses (0.1, 0.2, and 0.3 mm), three fin pitches (1.4, 2.1, and 3.2 mm), three fin lengths
(800, 900, and 1000 mm), and 10 mass flow rates. The inlet temperature of the low-temperature working
medium (283 K) is adopted as the reference temperature for calculating the convective heat transfer

coefficient. The inlet Reynolds number is 200—2300 according to Equation (4.10).

4.3.3 Grid independence test

To achieve perfect accuracy, each cross-sectional grid size is set to 0.1 mm. However, the characteristic
scale along the length is meter-scale. The numerical simulation might be difficult, exhibiting variation
with decreasing grid size under the existing computing power. To reduce the calculation load while
maintaining the accuracy of the numerical simulation, a grid independence test of the grid size along the
length is conducted for Case 1. The mass flow rate is set to 460 kg/(m?-s). Figure 4.7 shows that after the
grid size decreases to 1 mm, the convective heat transfer coefficient of the fin in the low-temperature
channel is similarly constant. Therefore, 1 mm is set as the grid size along the length of the heat

exchanger.
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Figure 4.7 Grid independence test

4.3.4 Results and discussion

According to the research of Wang et al. (2009), when the average heat transfer coefficient is applied,
the heat transfer rate of the primary heat transfer surface is overestimated, and that of the secondary heat
transfer surface is underestimated.
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Figure 4.8 Convective heat transfer coefficient (Case 1)

In terms of this study, however, the heat transfer rate of the primary or secondary surface is closely
related to the fin size. The values of the convective heat transfer coefficient for various Reynolds
numbers in Cases 1 and 9 are shown in Figures 4.8 and 4.9, respectively. According to Equations.(4.4)
and (4.5), the primary heat transfer surface area accounts for 40.6% and 51.8% of the total heat transfer
surface areas in Cases 1 and 9, respectively. Further, the convective heat transfer coefficients of the plate
in the high-/low-temperature channel are all smaller than that of the fin in Case 1. Case 9 is just the
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opposite. Therefore, the values of the convective heat transfer coefficients of the plate and fin depend on

the proportions of the primary heat transfer surface area (plate) and secondary heat transfer surface area

(fin).
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Figure 4.9 Convective heat transfer coefficient (Case 9)

On the basis of the convective heat transfer coefficient and pressure loss of the 45 cases obtained by

numerical simulation, the expressions of six factors (Colburn factors of the fin in the high-/low-

temperature channel jmn, jme, Colburn factors of the plate in the high-/low-temperature channel jyh, jwe

and Fanning friction factors in the high-/low-temperature channel f,, f., respectively) can be obtained as

follows, as shown in Figures 4.10 — 4.15.

The scope of Equations (4.29) — (4.34) is: Re = 200-2300, H = 2-3 mm, ¢ = 0.1-0.3 mm, S = 1.4-3.2

mm, and L = 800-1000 mm.
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Figure 4.14 Relation between j,, and Re Figure 4. 15 Relation between j,. and Re
It can be seen from Figure 4.10 — 4.15 that, for both Colburn factors and Fanning factors, the values of
high temperature channels are same as those of low temperatures. The reason is as follows: For Colburn

factors, since the inlet temperature difference is only 7°C in the case studies, the difference of
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temperature distribution for high-/low-temperature channels are not very obvious. Therefore, the
difference of Colburn factors for high-/low-temperature channels are very small. For Fanning factors,
since the arrangement of fin, fin type, and fin size are exactly the same for high-/low-temperature
channels, the pressure distribution for high-/low-temperature channels are almost uniform. Then the
value of Fanning factors are also very close. However, we would like to be able to provide a common
method for any temperature level and any fin arrangement for high-/low-temperature channels.
Therefore, in this study, we still adopt six equations to describe Colburn factors and Fanning factors,

even the values of high-/low-temperature channels are very close in this case studies.

The results by CFD and empirical equations are also compared as shown in Figure 4.16. Using the fin
size of Case 1, six kinds of factors based on CFD results are calculated by Equations (4.29) — (4.34); the
conventional Colburn factors j and Fanning factor f based on empirical equations for plain fin are
calculated by Equations (4.35) and (4.36), derived from the ALEX's specifications of the manufacturer
of Kobe Steel (Chen, 1993).

In j :0.103109(In Re)2 —1.9109(In Re)+3.211 Re =400 ~10000 (4.35)
Inf= 0.106566(In Re)2 - 2.12158(In Re) +5.82505 Re =400 ~10000 (4.36)
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Figure 4.16 Comparison of results between CFD and empirical equations

When the Reynolds number is 400-2200, it can be seen that results by empirical equations are larger

than CFD results at the same Reynolds number and the average relative differences of Colburn factor j
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are larger than that of Fanning factor f. The main reasons for these trends are shown as follows: Firstly,
the empirical equations only distinguish the type of fin, but not the size of fin for any type, which will
result in remarkable errors. On the other hand, the surface roughness of fin is not considered in the CFD
calculation. The calculation results by CFD will be slightly underestimated. Secondly, the empirical
equations are obtained from the experimental date of gas, but not liquid. Using the empirical equations
of gas for the prediction of liquid will overestimate the value of Colburn factor j and Fanning factor f due
to the different physical property of working medium. But the effect of physical property on the Fanning
factor f is relatively small, so the relative differences between the results of CFD and empirical equations
for Fanning factor f are smaller. Since the difference of fin size and the type of fluid are not considered
in the empirical equations, numerical simulation is more flexible and precise for the performance

prediction on a certain heat exchanger.

8§ 4.4 Case study

Based on the simulation results and the thermal modelling of plate-fin heat exchanger, firstly, in order to
determine the validity of above-mentioned optimization method, a theoretical thermodynamic
optimization is carried out to compare and analyze the value of Nsxp, NSat, and Ns, based on unfixed
overall dimension of plate-fin heat exchanger. Then, combining with real optimization design of the heat
exchanger, the thermodynamic optimization on an assumed plate-fin heat exchanger with fixed overall
dimension are carried out by using constrained nonlinear optimization algorithms. The Ns,p -to-Ns ratio,

the value of Ns, and the efficiency of heat exchanger &, before and after the optimization, are compared.

4.4.1 Thermodynamic optimization with unfixed overall dimension

A water-to-water plate-fin heat exchanger with three high-temperature channels and three low-
temperature channels is analysed. The effective width of the fin, coefficient of thermal expansion of
water, and mass flow rate are set to 200 mm, 207 x 10° K™, and 673 kg/m*'s, respectively. The inlet
temperatures of the high-/low-temperature channels are set to 290 K and 283 K, respectively. The
fouling resistance is ignored. The other physical properties of the working media are the same as those in

the former numerical simulation.

For single objective optimization by the GA, the population size, number of iterations, and crossover

rate are set to 50, 1000, and 0.8, respectively. The mutation rate changes with the value of the fitness by
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adaptive mutation. The range of variables and optimal solutions are shown in Table 4.3. It can be seen
that the optimal solutions for the objective function of Ns,p and Ns,rare in accordance with our daily

engineering experience, which proves the feasibility of the optimization method to a certain extent.

Table 4.3 Range of variables and optimal solutions

Fin height | Fin pitch | Fin thickness Fin length
Range of variables 2-3mm | 1.4-3.2mm | 0.1-0.3 mm | 800-1000 mm
Optimal solutions (Objective function: Nsyp) 3mm 3.2mm 0.1 mm 800 mm
Optimal solutions (Objective function: Ns,rt) 2mm 1.4 mm 0.3 mm 1000 mm
Optimal solutions (Objective function: Ns) 2mm 1.4 mm 0.3 mm 1000 mm

As shown in Figures 4.17 — 4.19, the minimum values of the three objective functions (Nsap, NS, and
Ns) are found to be constant at 7.172 x 107, 3.835 x 10 and 3.873 x 10, respectively after about 180,
400, and 120 generations. The values and proportions of Ns,p and Ns,r are shown in Figure 4.20 when
Nsap, Nsat, and Ns are minimized as objective functions. The optimal solutions in Table 4.3 and the
values and proportions of Nsxp and Nsar in Figure 4.20 are quite similar when Ns,r and Ns are
minimized because of the very small frictional irreversible loss. Ns,t is about 100 times larger than Nsyp.
When Nsup is minimized as the objective function, the Ns,r-to-Nsup ratio can reach 610, which is in

accordance with the related results in Chapter 3.

,x 107 Best: 7.17152¢-07 Mean: 7.17158¢-07
OBest fitness
15 * Mean fitness
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| *
2 1.5
& 50 200 400 600 800 1000
Generation

Figure 4.17 Iteration process for the minimisation of Ns,p

In addition, compared with the conditions in which Ns,r and Ns are minimized as objective functions,
when Ns,p is minimized as the objective function, the ratio of Ns,p between the two conditions is only
19%, but the ratio of Ns,t and Ns between the two conditions can reach 124% and 123%, respectively,

as shown in Figure 4.21.
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Figure 4.18 Iteration process for the minimisation of NSt
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Figure 4.19 Iteration process for the minimisation of Ns
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Figure 4.20 Values and proportions of Ns,p and Ns,r for each objective function

On the other hand, in order to avoid the possibility of significant increase in pump power when NSt or
Ns is taken as single objective function, the multi-objective optimization is also conducted by taking
Nsat and Nsyp as the objective function respectively (Guo 2010; Guo 2012), as shown in Figure 4.22.
The population size, number of iterations, and crossover rate are set to 60, 5000, and 0.8, respectively.
The mutation rate changes with the value of the fitness by adaptive mutation. From the Pareto front in
Figure 4.22, the optimal shape of plate-fin heat exchanger can be determined according to the actual

requirements.
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Figure 4.21 Ratio of Ns,p, Nsat, and Ns between the minimizations of Nsap and Nsat (NS)
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Figure 4.22 Pareto front of multi-objective optimization

4.4.2 Thermodynamic optimization with fixed overall dimension

In regard to the actual fin optimization of heat exchanger, the optimizations based on fixed overall
dimension of heat exchanger are relatively common. Therefore, in this section, before and after the
optimization, the effective width of the fin, the length and height of the heat exchanger, and the plate
thickness are fixed as 800mm, 900mm, 180.6mm, and 0.6mm, respectively; the fin type is fixed as plain
rectangular fin; the arrangement form of high-/low- temperature channels is fixed as stagger arrangement;
the layer counts of high-/low-temperature channel are assumed to be always the same varying with the
change of total layer counts; the working medium is fixed as water with the same physical property as

shown in section 4.3; the inlet temperatures of high-/low-temperature channels are fixed as 290K and
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283K, respectively; the mass flow rates for both high-/low-temperature working mediums are fixed as
3.826 kg/s (heat capacity: 16kW/K), as shown in Figure 4.23.

Before the optimization, the fin thickness, fin pitch, and fin height are assumed as 0.2mm, 3mm, and

2.4mm, respectively; the layer counts of high-/low-temperature channel are assumed as 30 and 30,

respectively. The fin thickness, fin pitch, and fin height are considered as optimal variables; the layer

counts will change with the change of fin height. For convenience, only Ns is taken as the objective

function. The ranges of variables and optimal solutions are shown in Table 4.4.
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Figure 4.23 Optimization object before optimization

Table 4.4 Range of variables and optimal solutions

Objective function: Ns | Fin height | Fin pitch | Fin thickness | Layer counts for single fluid
Range of variables 2-3mm | 1.4-3.2mm | 0.1-0.3mm -
Before optimization | 2.400 mm | 3.000 mm 0.200 mm 30
After optimization 2.047 mm | 2.534 mm 0.292 mm 34

It can be seen from Figure 4.24 that, after the optimization, the number of entropy production units, Ns,

declines 5.7% from 3.34x10°® to 3.16x10°°. Accordingly, the efficiency of heat exchanger increases from
30.8% to 33.0%; the heat transfer amount also increases 7.1% from 49.3 kW to 52.8 kW. The results

show that, by optimizing the fin size of plate-fin heat exchanger, the irreversible losses during the heat

transfer process are reduced to some extent; the performance and amount of heat transfer all make a

slight improvement.
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Figure 4.24 Value of Ns, ¢, and heat exchange amount before and after the optimization

845 Conclusions

In this Chapter, the optimal structural parameters of a water-to-water plate-fin heat exchanger are

obtained by CFD. The main findings and innovations of this Chapter are listed below:

1) To obtain more precise results, the formula for calculating the comprehensive surface efficiency is
modified by defining the convective heat transfer coefficients of the plate and fin as independent

parameters.

2) The values of the Colburn factor and Fanning factor are calculated using the multiple regression

analysis equation based on the numerical simulation results.

3) According to the numerical simulation results, the values of the convective heat transfer coefficients
of the plate and fin depend on the proportions of the primary heat transfer surface area (plate) and

secondary heat transfer surface area (fin).

4) Ns,r is about 100 and 610 times Ns,p when Nsar (Ns) and Nsyp, respectively, are minimized as

objective functions in a case study with unfixed overall dimension of heat exchanger.
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5) After the thermodynamic optimization on an assumed plate-fin heat exchanger with fixed overall
dimension, the efficiency of heat exchanger increases from 30.8% to 33.0%; the heat transfer
amount also increases 7.1% from 49.3 kW to 52.8 kW.
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In previous three Chapters, the related research contents focused on the optimization of heat exchanger
are presented. In an HVAC system of a building, in order to save energy and improve the system
efficiency, in addition to improving the performance of related heat transfer units, reducing the power
consumption of fluid-supply equipment, such as pump and fan, is also significant. In the following two
Chapters, around the water pump in chilled water circuit, some ideal theoretical analysis of assumed
chilled water circuit and some analysis of actual heat pump system based on the operating data are

carried out from the viewpoint of exergy.

§ 5.1 Introduction

The energy use of an HVAC system accounts for a large proportion of a building’s total energy use
(Westphalen 2001). Improving the efficiency of an HVAC system would therefore make a major
contribution to energy saving within a building. In an HVAC system, in which the pumping system is
one of the primary components, energy-use reduction by the pumping system is important. Maximum-
load operation of an HVAC system accounts for only a small percentage of the overall operating time.
Most water pumps are operated only under partial load (Matsushita 2011). Therefore, reducing the
energy use of the pumping system when under only partial load will significantly improve the efficiency
of the HVAC system.

In any investigation involving partial load, it is necessary to determine the degree of impact of the water
temperature on the heat-transfer characteristics of the terminal units, such as the fan coil units (FCU).
These are another primary component of an HVAC system, which transfer heat from the air to water
through a coil in proportion to the log mean temperature difference (LMTD) (Crowther 2002). This is
because the water temperature affects the LMTD and then the heat-transfer characteristics of the
terminal unit, and thereby ultimately affects the indoor thermal environment, the cost of the terminal
units, and the power of the pumps used in the chilled water circuit (TRANE 2002; Herbert 2011).

Previous studies regarding variable-flow control have mainly focused on comparing measured energy
use before and after the adjustment of the control parameters or control methods (Izumiyama 2012) or
the development and verification of new control methods (Matsushita et al. 2011). Regarding those
previous studies into the effect of water temperature on heat transfer, the main research efforts have
involved the analysis of the relationship between the water flow rate and the temperature difference

between the supply and return water, based on data derived from the manufacturer's specifications (Kido
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et al. 2013).

All of the above-mentioned studies were carried out from the viewpoint of the amount of energy being
consumed, but not the quality of that energy. In thermodynamics, energy can be divided into available
and unavailable energy. Exergy is that energy that is available for use (Perrot 1998). Unlike a
conventional energy analysis, an exergy analysis enables the direction of the exergy flow, as well as the

value and location of the exergy consumption, to be clearly and easily determined (Shukuya 2013).

Therefore, a greater number of exergy analyses have been applied to the field of HVAC engineering in
recent years. Wang et al. (2008) investigated the impact of the air-conditioning parameters on the exergy
of the chilled water supplied to radiant panels and a cooling coil. Harrell and Mathias (2009) evaluated
the central chilled-water system in a campus building using exergy-based cost accounting to quantify the
magnitude and cost impact of internal losses with the goal of maximizing the chiller capacity utilization
while minimizing the unit cost of the delivered chilled water. Taniguchi et al. (2014) developed an
energy-saving air-separation unit based on an exergy analysis. However, as far as we know, there have
been no exergy analyses of a chilled water circuit from the aspects of both the variable-flow control
methods and the chilled water temperature. Therefore, in this Chapter, the effects of different variable-
flow control methods and supply water temperatures on the exergy budget of an assumed chilled water

circuit were analyzed theoretically (Yin 2015).

§ 5.2 Basic theory

Exergy is a property and is associated with the state of the system and the environment (Cengel 2014),
which is the maximum amount of useful work that can be produced (or the minimum work that needs to
be supplied) that brings the system into equilibrium with its environment (Martinez 2015). A system that

is in equilibrium with its environment has zero exergy.

As shown in Figure 5.1, the classification of Exergy can be done in a way that is similar to the
classification of energy (Gundersen 2011). But only thermo-mechanical exergy, which disregards any
mixing and chemical reaction, will be discussed in this study. Combined with the research objects, the

conception and corresponding calculation equations of two kinds of exergy are expressed as follows.
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Figure 5.1 Classification of exergy

5.2.1 Exergy of heat transfer

Exergy can be transferred to or from a system by heat, work, and mass. For the heat transfer equipments
in HVAC system, heat transfer is always accompanied by exergy transfer. If the environment
temperature is Ty, a thermal reservoir at temperature T has certain amount of exergy both when T is
higher than To and when T is lower than To. The exergy contained by the thermal reservoir at a
temperature higher than its environment is an ability of thermal energy contained by the thermal
reservoir to disperse into the environment. On the other hand, the exergy contained at a temperature
lower than its environment is an ability of the thermal reservoir, in which there is a lack of thermal
energy compared to the environment, to let the thermal energy in the environment flow into it. We call

the former “warm” exergy and the latter “cool” exergy (Shukuya 1996).

For the calculation of worm exergy and cool exergy, Figure 5.2 is helpful for understanding the meaning
of calculation process. Figure 5.2(a) and 5.2(b) represent the sketch map of Carnot cycle and reverse
Carnot cycle. Ty and T, are the temperature of high-temperature and low-temperature thermal reservoir,
respectively. Qpis the heat released from high-temperature thermal reservoir in Carnot cycle or the heat
absorbed by high-temperature thermal reservoir in reverse Carnot cycle. Similarly, Q. is the heat
absorbed by low-temperature thermal reservoir in Carnot cycle or the heat released from low-
temperature thermal reservoir in reverse Carnot cycle. W is the maximum work output to the
environment in Carnot cycle or the minimum work input from the environment in reverse Carnot cycle.
Due to the definition of exergy (maximum produced work or minimum supplied work), W is just the

exergy of the system in Carnot cycle or reverse Carnot cycle.
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Figure 5.2 Carnot cycle and reverse Carnot cycle between two thermal reservoirs

According to Figure 5.2, when the temperature of thermal reservoir is higher than the temperature of
environment, the warm exergy is the maximum work output extracted from the thermal reservoir to the
environment when heat is released from system or the minimum work input supplied by the environment
to the thermal reservoir when heat is absorbed by thermal reservoir. Similarly, when the temperature of
system is lower than the temperature of thermal reservoir, the cool exergy is the maximum work output
extracted from the thermal reservoir to the environment when heat is absorbed by thermal reservoir or
the minimum work input supplied by the environment to the thermal reservoir when heat is released
from thermal reservoir. Therefore, the flow direction of heat for a thermal reservoir is identical with that

of warm exergy and is opposite of that of cool exergy.

Based on the corresponding calculation equations of Carnot cycle and reverse Carnot cycle, the rate of

exergy by heat, namely the rate of warm exergy or cool exergy, can be expressed as (Gundersen 2011)

Xheat :iQ[ __j (51)

where X, [KW] is the rate of exergy by heat, ¢ [kW] is the rate of heat flow transferred from or to the
thermal reservoir, “+” and “-” mean heat release and heat absorption, respectively, Ty [K] is the

temperature of environment, T [K] is the temperature of thermal reservoir.

5.2.2 Exergy of flow processes

In HAVC system, the analysis on the moving air and water is necessary. To clarify the calculation
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method of the corresponding exergy generated in the flow processes will contribute to the exergy
analysis on the HAVC system. For the working fluid flow, assuming steady state and neglecting the
changes in kinetic and potential energy for the process, the exergy generated in the flow processes is the

technical work which can be exported by the working mediums.

According to the first law of thermodynamics, the micro change of technical work W, [kW] can be

expressed as (Kestin 1979)

dW, = mdq —rmdh (5.2)

If the working medium is brought into equilibrium with its environment from the temperature of T to Ty

reversibly, according to the Equations (2.21) and (5.2), the exergy of flow processes can be expressed as

X

flow

cdT 1 . . T
pT _mJ.T deT :Cpm(T _TO)_CmeOInT_ (5.3)
0

. (S . (o . [To
= mL Tods—mjh dh=m . T,
where ¢, [kJ/(kg-K)], m [kg/s] are the specific heat capacity at constant pressure and mass flow rate,

respectively.
§ 5.3 Assumed system and its corresponding exergy budget

The assumed system is shown in Figure 5.3. For simplicity, it was assumed that there is only one FCU
on the demand side and one pump for supplying the chilled water. The system consists of three
subsystems: the air channel inside the FCU, the tube wall between air and water inside the FCU, and the
chilled water channel inside the tube. The flow of exergy through the three subsystems is shown in
Figure 5.4. It can be seen that the main flow direction of exergy is from chilled water to the air in FCU.

The calculations of corresponding exergy are shown in Equations (5.4) — (5.22).

In equations (5.4) — (5.22), the mean air temperature T, [K] in the FCU is approximated by the mean
value of supply and return air temperature, Ta s, [K] and T [K], respectively; the mean chilled water
temperature Ty, ave [K] is approximated by the mean value of inlet and outlet temperature of chilled water
circuit, Ty,n [K] and Ty ou [K], respectively; c, [kd/(kg-K)], pa [ka/m®], F, [m3h], ¢y [kI/(kg-K)], pu

[kg/m®], and F, [m*/h] are the specific heat capacity at constant pressure, the density, and flow rate of
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the air and chilled water, respectively; @ [KW] is the thermal-energy transfer rate in the FCU; S,
[KWIK], Sqre [KW/K] and Sy, [KW/K] are the entropy generation rate generated in the air within the
FCU, in the tube wall between air and water, and in the water within the chilled water circuit,

respectively.

Avg. CHW Temp: Ty qve [K]

Ta._sup [K] <:I % E‘fan [kW]
Avg. Air Temp: T, .. [K]

Epump [

Ty [K] Ambient Temp: 7 [K] Tyou[Kl¥

Figure 5.3 Assumed chilled water circuit
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Figure 5.4 The flow of exergy through the system

re

Equations (5.4) and (5.5) show the energy budget and entropy budget of the air subsystem. By
combining these two equations together with the ambient temperature, Ty [K], the exergy-budget

equation can be developed, as shown in Equation (5.6) (Li 2014).

En +CapaF (Tore = To)/3600 = C, 0, F, (T, 0 — Ty ) /3600 + Q (5.4)



Chapter 5 Exergy analysis on an assumed chilled-water circuit | 85

C.puFo-In(T, . /T,)/3600+S, , =c,p,F, -In(T,,/T,)/3600+Q/T, . (5.5)

Efan + X Xcons a = Xa ,Sup Xa,re (56)
In the same way, the exergy budget of the tube-wall subsystem are given by Equation (5.9) using
Equations (5.7) and (5.8) together with To; the chilled-water subsystem are given by Equation (5.12)
using Equations (5.10) and (5.11) together with Ty, respectively.

Q =Q (5.7)

Q/Tae + Sy =Qf Tume (58)

X, — XmHE X, (5.9)

Epump + CuPu P (Tuin = To) /3600 +Q=0,0,F, (Tyou Ty )/3600 (5.10)
CuluF - IN(T,,10 /Ty) /3600 +Q/T, .0 =C,PuFy - IN(T, 04 /T, ) /3600 (5.11)
Epump + Xuin = Xoonsw = Xuw + Xout (5.12)

By combining Equations (5.6), (5.9) and (5.12), the exergy-budget equation for the entire system can be
deduced, as given by Equation (5.13).

((Efan + Epump) (Xw,in - Xw,out )) _(Xcons,a + Xcons,HE + Xcons,w) = Xa,sup - Xa,re (5.13)

The overall exergy input rate is the sum of the fan power E,, [KW], pump power Epump [KW], and the net
exergy input rate from the chiller to the chilled water circuit, expressed as the difference between X in
[kW] and X out [KW]. Xw,in is the rate of exergy carried by the supply water leaving the chiller and Xy out
is that carried by the return water coming from the FCU and going towards the chiller, respectively, as
shown in Equations (5.14) and (5.15).

XW,in = (prwa (Tw,in _TO ) —CyPu I:wT ( w,in /T /3600 (514)

XW,out = (prw I:.w (Tw,out _TO ) - CWpWF T ( w,out /T /3600 (515)

The overall exergy consumption rate is the sum of Xconsa [KW], XconsHe [KW], and Xconsw [KW], that are

the rate of exergy consumed in the air within the FCU, in the tube wall between air and water, and in the
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water within the chilled water circuit, respectively, as shown in Equations (5.16), (5.17), and (5.18).

Xcons,a = S.g,aTO (516)
Xcons,HE = S.g,HETO (517)
Xcons.w = S.g,wTO (518)

The exergy output rate is the net exergy output rate from the FCU to the indoor space, expressed as the
difference between X, sy [KW] and Xare [KW]. X,y is the rate of exergy carried by supply air leaving
the FCU and X, is that of the exergy carried by the return air coming into the FCU, respectively, as
shown in Equations (5.19) and (5.20).

Xa,sup = (Capa I:'a (Ta,sup _TO ) ~CaPa I:'aTO -In (Ta,sup /TO ))/3600 (5.19)
Xa,re = (Capa I:.a (Ta,re _TO ) —CaPn I:‘aTO -In (Ta,re /TO ))/3600 (520)
Xa [KW] and X, [KW] in Equations (5.6), (5.9) and (5.12) are the rate of exergy absorbed by air due to

heat release and that discharging from chilled water due to heat absorption, respectively, as shown in
Equations (5.21) and (5.22).

Xa :(1_TO/Ta,ave)(_Q) (521)
XW z(l_TO/TW,ave)(_Q) (522)

8 5.4 Pump power and heat-transfer characteristics of FCU

5.4.1 Four variable-flow control modes

Four methods of variable-flow control for the chilled water circuit were assumed, as shown in Figures
5.5 — 5.8. In each figure, the left-hand side shows the control mode while the right-hand side shows the
corresponding operating point of the pump. The system curve and pump performance curve are
represented by a dotted line and solid line, respectively. The intersection of the two curves is the
operating point of the pump at any instant. Point A is the rated operating point, without any adjustment,

under full load. If the flow rate is reduced from 100% to X%, the operating point of the pump moves
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from point A to point B according to the variable-flow control method being applied.
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Figure 5.5 Throttle-valve (TV) control

As shown in Figure 5.5, in the case of throttle-valve control (TV control), the water flow rate is adjusted

only by the throttle valve with no change in the pump frequency. The other three methods apply
variable-frequency control.
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Figure 5.6 Constant-pressure (CP) control

For constant-pressure control (CP control), the pump maintains a constant discharge pressure to the
chilled-water circuit by automatically adjusting motor speeds to meet. For constant-differential-pressure
control (CDP control), the pump maintains a constant pressure difference at a specific interval for the
chilled water system. In usual, the constant value is the pressure difference across the most significant
distant load in the index circuit. As shown in Figure 5.7, the value is the sum of the pressure drop of
terminal unit, piping, and two-way control valve under design flow conditions. Predictive system curve
control (PSC control) is a new advanced control method by which further energy saving can be achieved.

As its name suggests, the discharge pressure of the pump will be determined by a predictive system
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curve which describes the relationship between the pump discharge pressure and the water flow rate
demand of chilled water circuit. The predictive system curve must be obtained by a precise
commissioning process during the installation of control system.
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Figure 5.7 Constant-differential-pressure (CDP) control
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Figure 5.8 Predictive-system-curve (PSC) control

Head

5.4.2 Calculation of pump power

The system curve and pump performance curve both approximate to a quadratic curve. When the flow

rate changes from a rate of 4 [m*/h] to 5 [m*/h], the pump power in each of the variable-flow control
modes is calculated according to the following procedures.

For TV control, when the flow rate is zero, the pumping head is assumed to be n times the value of the
rated pumping head (Ha [m]). Subsequently, according to the value of point (0, n-Ha) and the rated point
(Fa, Ha), the quadratic equation of the pump performance curve can be expressed by Equation (5.23).

By substituting the flow rate of point B (£'g) into Equation (5.23), the pumping head for point B (Hg [m])
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can be calculated. The hydraulic power at point B (Pg [KW]) can then be calculated using Equation
(5.24), in which y [N/m?] represents the specific weight of water. Using Pg and the pump efficiency at
point B (s [%]), the shaft power at point B (Eg [KW]) can then be calculated from Equation (5.25).

H=nH,-[(n-1)H,/F}]-F? (5.23)
P, = yF,H, /3,600,000 (5.24)
E. =P, /n, (5.25)

For CP control, the shaft power Eg is proportional to the flow rate Fg due to the constant pumping head
at each operating point, as given by Equation (5.26). For CDP control, the pumping head Hg can be
calculated from the system curve, as given by Equation (5.27), in which k [-] and h [m] represent the
friction coefficient and the corresponding pumping head, respectively, based on a constant pressure

difference. Then, using Equations (5.24) and (5.25), the shaft power Eg can be obtained.

(Fa/Fa)-Pu/m6 (5.26)

H, =kF.>+h (5.27)

For PSC control, the relationship between the flow rate and the pumping head satisfies the pump affinity

laws, so that the shaft power Eg can be calculated using Equation (5.28) (Volk 2013).

(Fa/F L) B /g (5.28)

5.4.3 Heat-transfer characteristics of FCU

Dehumidification was not taken into account in this study. The heat-transfer characteristic of the dry coil
in the FCU can be represented by a semi-empirical formula with respect to the relationship between the
relative heat-transfer rate Q/Q* and the relative water flow rate F/F”, as given by Equation (5.29) (Shi
1986).
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Q 1

Q 1+ a[l —1} (5.29)
F/F*

The characteristic coefficient of FCU a [-] is defined by Equation (5.30), in which T*W,m K], T*W,out[K],

and T ar [K] represent the inlet and outlet temperatures of the chilled water circuit and the return air

temperature for the design condition, respectively.

Tv:,in _Tv:,out
a=060 2t (5.30)

The establishment conditions of Equation (5.29) are as follows:

(1) The flow rate of air side is constant along with the change of water flow rate.

(2) The inlet temperature of water side is constant.

(3) The inlet temperature of air side is constant.

(4) The heat transfer type is counter flow.

(5) The temperature difference of high-/low-temperature working mediums at the left end of heat
exchanger is relatively close to that at the right end of heat exchanger, so that the log mean

temperature difference can be replaced by arithmetic mean temperature difference.

§ 5.5 Calculation parameters

The full-load condition and partial load condition of FCU are analyzed. For each condition, four kinds of

variable-flow control modes are discussed and compared.

5.5.1 Settings of supply water temperature

The temperature settings of full-load condition and partial-load condition are shown in Figures 5.9 and
5.10. For both full-load condition and partial load condition, the ambient temperature is fixed at 32°C. In
addition, based on the establishment conditions of Equation (5.29), the return air temperature are fixed at

27°C; the supply water temperature of Cases 1 and 2 are fixed at 7°C and 12°C, respectively.

With respect to other temperature settings, under full-load condition, the supply air temperature in Cases

1 and 2 is set to a point 10°C and 5°C lower than return air temperature, respectively; the return water
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temperature in Cases 1 and 2 is set to a point 5°C higher than the supply water temperature under full-

load, respectively. But under partial-load condition, both supply air temperature and return water

temperature will vary with the heat transfer rate in the FCU and with the variable-flow control mode.
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Figure 5.9 Temperature setting under full-load condition
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Figure 5.10 Temperature setting under partial-load condition

5.5.2 Settings of pumping head

The pumping head consists of three parts, as shown in Figure 5.11: the head loss caused by the on-way

resistance, the local resistance, and the resistance of the equipment. In the chilled water circuit, the

length of straight pipe, the equivalent diameter, the equivalent roughness, and the water velocity are set

to 40 m, 40 mm, 0.15 mm, and 0.59 m/s, respectively. So the corresponding head loss caused by the on-

way resistance is 7.6 m. The head loss of the two-way valve is set to 5 m; the other local resistance is

assumed to be 150% of that of the on-way resistance. Then, the head loss of total local resistance can be
obtained as 16.4 m. The head loss of both the FCU and the chiller are set to 10 m, so that the head loss

resulting from the resistance in the equipment is 20 m. Therefore, the total head loss is 44 m.
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If the corresponding pumping head h, based on a constant pressure difference in Equation (5.27) is
assumed to be 15 m, the coefficient k will be 4.08, given the parameter values mentioned above. The
coefficient n in Equation (5.23), used to calculate the pumping head in throttle-valve-control mode is

assumed to be 1.4.

10m 5m
1 & FCU b Valve | | Length of pipe:40 m
| Equivalent diameter :40 mm
‘G Equivalent roughness :0.15 mm
@ Total head loss- Water velocity:0.59 m/s

7.645411.4+10+10= 44 m On-way resistance : 7.6 m

10 m Local resistance : 16.4 m
Resistance of equipment: 20 m

Chiller

»

Figure 5.11 Pumping head settings

5.5.3 Settings of power and flow rate of pump and fan

The pump efficiency is assumed to be constant at 60%. According to the parameters related to the piping,
water velocity, and pumping head described above, the flow rate and pumping power under full-load are
2.7 m*h and 0.53 kW, respectively. Under partial-load, the pump power decreases depending on the

variable-flow control mode. The design heat-transfer rate is assumed to be 15 kW.
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Figure 5.12 Relative heat-transfer rate versus relative water flow rate

By substituting the temperature values given above into Equations (5.29) and (5.30), when the heat-
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transfer rate falls to 80% of the design value (12 kW), the relative flow rates in Cases 1 and 2 change to

37.4% and 44.5% of the design value, respectively, as shown in Figure 5.12.

Since the primary focus of this study is not the fan but rather the pump, the fan power in Cases 1 and 2
under full-load is simply assumed to be 0.2 kW and 0.4 kW, respectively, based on the assumed design
heat-transfer rate by reference to the manufacturer’s specifications. According to the heat-transfer rate of
the FCU, the fan power, and the related temperature settings, the flow rate of the fan under full-load is
4108 m*/h and 8106 m/h for Cases 1 and 2, respectively. Under partial-load, due to the establishment

conditions of Equation (5.29), the flow rate and power of the fan for Cases 1 and 2 remain the same.

8 5.6 Calculation Results

5.6.1 Pumping head and pumping power

The pumping head and pumping power of Cases 1 and 2 under four kinds of control modes are shown in
Figures 5.13 and 5.14, respectively. In these figures, the vertical bars, from left to right, represent rated
mode, and the throttle-valve control mode, constant-pressure control mode, constant-differential-

pressure control mode, and predictive-system-curve control mode.
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Figure 5.13 Comparison of pumping head

Under partial-load conditions, it can be seen from Figure 5.13 as follows. The pumping heads of TV
control are the highest, which are about 1.3 times of those under full-load, since the water flow rates are
adjusted only by the throttle valve with no change in the pump frequency. For the CP control, just as the

name suggest, the pumping heads remain the same. With respect to the CDP control and PSC control,
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the pumping heads are reduced significantly compared with the former two control modes. Especially
for the PSC control, the pumping head of Cases 1 and 2 are reduced by 90% and 85%, respectively,
compared with that under full-load. For any control mode under partial-load, due to the slightly different
relative flow rates in Cases 1 and 2, as shown in Figure 5.12, the pumping heads of Cases 1 and 2 for

certain control mode are slightly different except of the CP control.
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Figure 5.14 Comparison of pumping power

The pumping power under partial-load is smaller than that under full-load, as shown in Figure 5.14. In
addition, the pumping power under any variable-frequency control mode is smaller than that under
throttle-valve control. In variable-frequency control mode, the pumping power decrease in the following
order: constant-pressure control, constant-differential-pressure control, and predictive-system-curve
control. Especially for the Case 1 under PSC control, the pumping power is reduced by 94% compared
with that under full-load. Moreover, for the comparison of Cases 1 and 2 for a certain control mode,
since the relative flow rate of Case 1 is slightly smaller than that of Case 2, the pumping power of Case 1
is also slightly smaller than that of Case 2.

5.6.2 Exergy budget of the system

The rates of exergy input and output under full-load (15 kW) and partial-load (12 kW) conditions for
Cases 1 and 2 are shown in Figures 5.15 and 5.16, respectively. The differences between the rates of
exergy input and output in the two cases are the rate of exergy consumptions, as shown in Figure 5.17.
In these figures, the vertical bars, from left to right, represent rated mode, and the TV, CP, CDP, and

PSC control modes. The exergy consumption patterns for the two cases are shown in Figure 5.18.
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For the improvement of a certain thermodynamic system, under the condition of a fixed value of exergy
requirements, that is the exergy demand, we should think about how we can reduce the exergy input to
the whole system as much as possible. Since the total amount of energy resources is limited on the earth,
“energy saving” means that we should reduce the exergy input for running a variety of systems including
air-conditioning systems in buildings. In this study, the thermal energy requirement of demand side was
assumed to be constant at 15 kW under full-load condition and at 12 kW under partial-load condition,

thereby the difference in the rate of exergy input are mainly investigated for these demand values.
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Figure 5.16 The rates of exergy input and output (Case 2)

It can be seen from Figures 5.15 and 5.16 that for both Cases 1 and 2, the rates of exergy input under any

partial-load condition are smaller than those under full-load condition and those under any variable-
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frequency control mode are smaller than those under throttle-valve control mode. In variable-frequency
control mode, the rates of exergy input decrease in the following order: constant-pressure control,
constant-differential-pressure control, and predictive-system-curve control. Regarding the effect of the

supply water temperature, the rate of exergy inputs are smaller at 12°C (Case 2) than at 7°C (Case 1).
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Figure 5.17 The rates of exergy consumption of two Cases

As shown in Figure 5.17, the rates of exergy consumed in the water within the chilled water circuit are
also decease in the following order: rated mode, constant-pressure control mode, constant-differential-
pressure control mode, and predictive-system-curve control mode. But it is noted that the rates of overall
exergy consumption at the supply water temperature of 12°C are larger than those at 7°C, which may
sound a little different from conventional engineering-practice knowledge that higher chilled water
temperature would improve the efficiency of chiller and result in smaller exergy consumption. The
reason for this is that the boundary of the system analyzed in this Chapter is the chilled water circuit
alone except the chiller, as shown in Figure 5.3, in order to confine our analysis in this study to the
variable-flow control modes. How the rate of exergy consumption consumed in the refrigeration cycle
affects the whole amount of exergy consumption would be to be investigated in next Chapter based on
the analysis on the actual operating data.

Combining Figures 5.15 - 5.17, the exergy consumption patterns of Cases 1 and 2 are shown in Figure
5.18. It can be seen that for each case the flow direction of exergy is from the input (net input from the
chiller) to the output (output to the indoor environment) of the system by passing through the chilled
water circuit, tube wall between chilled water and air in FCU, and the air channel in FCU. Along with
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the flow direction of exergy, the rate of exergy input for each case is consumed gradually. The rate of

exergy consumption at each subsystem can also be obtained clearly.

Above points are the greatest merits of exergy analysis compared with the traditional energy analysis.
Since the energy analysis is based on the first law of thermodynamics, energy is never destroyed during
a process, therefore, the value and direction of the reduction in the available energy cannot be clearly

and easily determined.
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Figure 5.18 Exergy consumption patterns of two Cases

8§ 5.7 Conclusions

In this Chapter, the exergy analysis on an assumed chilled-water circuit system under four variable-flow
control modes and two supply water temperatures are carried out, the major findings are summarized as

follows.

(1) The rates of exergy input and exergy consumption under any partial-load condition are significantly

smaller than those under full-load condition.

(2) The rates of exergy input and exergy consumption under any variable-frequency control mode are

smaller than those under throttle-valve control mode.
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(3) In variable-frequency control mode, the rate of exergy inputs decrease in the following order:
constant-pressure control, constant-differential-pressure control, and predictive-system-curve

control.

(4) Regarding the effect of the supply water temperature, the rate of exergy inputs are smaller at 12°C
than at 7°C.

(5) The use of the variable-frequency control mode and a higher chilled water temperature will

effectively reduce the exergy input to the system.
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Chapter 6 Performance analysis on a heat pump
system of an actual building
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In the previous Chapter, the exergy analysis on an assumed chilled-water circuit is carried out. In this
Chapter, the performance of an actual heat pump system at each step of the system renovation and
modification are compared and analysed. Meanwhile, in order to clarify the effect of chilled water
temperature, operation mode of compressor and pumps, and the type of heat exchanger on the system

performance, the exergy analysis based on the actual operating date of heat pump system are carried out.

8 6.1 Introduction

As one of the new systems using renewable energy sources, the heat pump system has attracted more
and more attention in recent years for energy saving. However, even the inner property of certain system
is energy-efficient, without the right design and reasonable operation, energy saving is impossible. In
this study, the actual measurements of performance verification on a heat pump system of an actual
building are carried out. While grasping the performance of system, some corresponding renovations and
modification are conducted on the system. The operation results before and after the renovations and

modification are also analysed and verified.

Among them, the energy-saving performance after the variable-frequency transformation of compressor
and water pumps, after the temperature adjustment of child water, and after the replacement of heat
exchanger from stainless steel plate heat exchanger to aluminium plate-fin heat exchanger are mainly

focused on in the following.

§ 6.2 System summary

The heat pump system applied to the 21IKOMCEE (21 Komaba Center for Educational Excellence) in
the Komaba Il campus of the University of Tokyo is the research object in this study. 21KOMCEE has
five floors and one underground level floor. The total floor area of the building is 4,477m?. It includes
several studios and convention rooms such as halls and meeting rooms (Ooka 2013). The appearance of
the 21KOMCEE is shown in Figure 6.1.

Both ground heat and ground water are utilized as heat source in the heat pump system as shown in
Figure 6.2. For the ground heat source, 10 boreholes with 100m depth are drilled. For each borehole, a
single type of U tube made of cross-linked poly-ethylene is installed. The total capacity of the ground

heat source is roughly estimated to 50 kW. For the ground water source, two pairs of wells are installed:



Chapter 6 | 102

one for lifting water and the other for injection. The water is lifted at a rate of about 100 I/min, which
can be translated to a roughly estimated heat rate extracted from this ground water system as 70 kW,
with the assumption of a temperature difference of 5°C. Chilled water for cooling and heated water for
heating from all heat pumps are usually stored in the heat storage tank which is installed under the
basement, with the capacity of 300 ton (Ooka 2013).

Figure 6.1 The appearance 21KOMCEE

Heat pump chiller
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Figure 6.2 Heat pump systems

8§ 6.3 Investigation on COP improvement of the modified system

The property of the heat pump system before and after the system renovation and modification is
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described in Table 6.1. The performances of cooling mode are mainly focused on in this study.

Table 6.1 Properties of heat pumps before and after the system renovation and modification

Initial | Stepl | Step2 | Step3 | Step2 | Step5

Cooling Mode
13/07/23 | 13/10/11 | 14/06/04 | 13/07/23 | 14/08/26 | 14/10/03

Power of heat pump chiller [kW]
Rated value: 20.1/30.3 (cooling/heating)

19.7 16.2 27.8 14.0 20.0 14.9

Pumping power of cooling-water side [kW]
Rated value: 11.9

12.8 10.9 10.7 8.8 10.7 10.6

Pumping power of chilled-water side [kW]
5.7 6.1 4.8 3.6 3.9 3.8
Rated value: 3.7

System power consumption [KW]

Rated value: 35.7

Cooling/Heating ability [kW]

Rated value: 101.1/121.2 (cooling/heating)

38.3 33.3 43.3 26.3 34.5 29.3

82.3 86.5 132.2 68.8 100.3 95.5

COP of heat pump chiller
) ) 4.2 53 4.7 49 5.0 6.4
Rated value: 5.0/4.0 (cooling/heating)

System COP 2.2 2.6 3.0 2.6 2.9 3.2

The operating data of each stage are shown as follows.

(1) Initial condition

The operating data of the heat pump system before the renovation are shown in Figure 6.3. The average
refrigerating capacity is 82.3 kW. The average COP of the heat pump chiller is 4.2, which is slightly
lower than the rated value (5.0). The reason is that the average outlet chilled water temperature of the
heat pump chiller is only 5.8°C, compared with the rated value of 7.0°C. In addition, the average system
COP is just 2.2, which is about only half of the average COP of heat pump chiller. It means that the
pumping power in the system is almost the same with the power of heat pump chiller. Therefore, the
pumping power of the system should be reduced while improving the COP of heat pump chiller.

(2) Step 1 of renovation and modification
The operating data after the step 1 of renovation and modification are shown in Figure 6.4. The variable-
frequency transformation is added to the compressor of the heat pump chiller. Moreover, the average

outlet chilled water temperature of the heat pump chiller is increased to 7.7°C. Then the average COP of
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the heat pump chiller is also increased by 26% from 4.2 to 5.3. But the average COP is 2.6, the reduction

of pumping power is still an important topic.
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Figure 6.3 Operating data during the night of 2013/07/23
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Figure 6.4 Operating data during the night of 2013/10/11

(3) Step 2 of renovation and modification

Temp [°C]/ COP

Temp [°C]/ COP

The operating data after the step 2 of renovation and modification are shown in Figure 6.5. In order to

reduce the pumping power of the system, in this step, the variable-frequency transformations are added

to the water pumps numbered as P2, P3, P4, and P5, as shown in Figure 6.2. The average COP of the

heat pump chiller decreases from 5.3 to 4.7, compared with step 1 of renovation and modification, but
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the average refrigerating capacity of the heat pump chiller increases from 86.5 kW to 132.2 kW, with the
reduction of average pumping power from 17.0 kW to 15.5 kW. It means that the average pumping
power per unit average refrigerating capacity decreases from 0.197 to 0.117. Therefore, the average
system COP increases from 2.6 to 3.0. The reason for the decrease of the average COP of heat pump
chiller might be the overlarge average refrigerating capacity, compared with the rated value (101.1 kW),

which will lead to the efficiency drop of compressor in the heat pump chiller.
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Figure 6.5 Operating data during the night of 2014/06/04

(4) Step 3 of renovation and modification

The operating data after the step 3 of renovation and modification are shown in Figure 6.6. According to
the problem of overlarge average refrigerating capacity in step 2, the upper limit of rotating speed of
compressor is confined, so that the average refrigerating capacity decreases from 132.2 kW to 68.8 kW.
The average COP of heat pump chiller also increases slightly from 4.7 to 4.9. In addition, though the
average pumping power decrease from 15.5 kW to 12.4 kW, the average pumping power per unit
average refrigerating capacity increases from 0.117 to 0.180. Therefore, the average system COP

decreases from 3.0 to 2.6, compared with that after step 2.

(5) Step 4 of renovation and modification

The operating data after the step 4 of renovation and modification are shown in Figure 6.7. In step 4, in
order to increase the lower refrigerating capacity, the upper limit of rotating speed of compressor is
extended, so that the average refrigerating capacity increases from 68.8 kW to 100.3 kW. Then the

average COP of heat pump chiller also increases slightly from 4.9 to 5.0. Along with the increase of
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average refrigerating capacity, the water flow rate in the water circuit also increases. Therefore, the
average pumping power increases from 12.4 kW to 14.6 kW. But by combining the effect of both
refrigerating capacity and pumping power, the average pumping power per unit average refrigerating
capacity decreases from 0.180 to 0.145. Meanwhile, the average system COP increases from 2.6 to 2.9,
compared with that after step 3.
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Figure 6.6 Operating data during the night of 2014/08/26
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Figure 6.7 Operating data during the night of 2014/10/03

(6) Step 5 of renovation and modification

The operating data after the step 5 of renovation and modification are shown in Figure 6.8. In step 5, the
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corresponding heat exchangers demonstrated in Figure 6.2 are replaced from stainless steel plate heat
exchanger to aluminium plate-fin heat exchanger. After the replacement, the heat transfer performance
of heat exchangers is improved significantly, so the temperature difference between heat source side and
demand side is decreased. Therefore, the average COP of heat pump chiller increases significantly from
5.0 to 6.4, which lead to the improvement of the average system COP from 2.9 to 3.2.
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Figure 6.8 Operating data during the daytime of 2014/11/11

8§ 6.4 Exergy analysis on the heat pump system

In order to further clarify the effect of corresponding system renovation and modification on the system
performance, the exergy analysis on the heat pump system is carried out. Due to the complexity of the
actual system, only part of the system is chosen as the research object, as shown in Figure 6.9. The
corresponding flow of exergy through the system is shown in Figure 6.10. It can be seen than the main
flow direction of the exergy is from the cooling water circuit to the chilled water circuit by passing

through the refrigeration cycle.

The analysis object in this Chapter can be divided into four subsystems, which will be expressed in the
following. Moreover, in order to combine with actual situation, unlike the ideal theoretical analysis in
Chapter 5, both the heat loss from the system to the surrounding and the heat invasion from the

surrounding to the system are considered during the exergy analysis.
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Figure 6.9 Analysis object in the heat pump system
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Refrigeration cycle
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Figure 6.10 Direction of exergy flow

!

6.4.1 Exergy budget of the system

As mentioned before, the analysis object is divided into four subsystems: the tube wall between cooling
water and refrigerant in condenser, the refrigeration cycle, the tube wall between refrigerant and chilled

water in evaporator, and the chilled water circuit.
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In the following equations, the mean cooling water temperature Tcy ave [K] is approximated by the mean
value of inlet temperature T.yin [K] and outlet temperature Tew o [K] Of cooling water; The mean
refrigerant temperature Tyerave [K] is approximated by the mean value of evaporating temperature T, [K]
and condensing temperature T [K]; The mean chilled temperature Tewave [K] in the evaporator is
approximated by the mean value of inlet temperature Tenyin [K] and outlet temperature Tepwoue [K] Of
chilled water in the evaporator; The mean chilled water temperature Tye ave [K] in the heat exchanger is
approximated by the mean value of inlet temperature Tyei, [K] and outlet temperature Tyeoue [K] Of
chilled water in the heat exchanger. Sgcong [KW/K], Sgrer [KW/K], Sgevap [KW/K], and Sqcnw [KW/K] are
the rate of entropy generated in the tube wall between cooling water and refrigerant, in the refrigeration
cycle, in the tube wall between refrigerant and chilled water, and in the chilled water circuit, respectively.
Que [KW1, Qgainchw KW, Qe [KWI, Qiossrer [KWI, Q. [KW] are the heat transfer rate in the heat
exchanger, the heat invasion rate from surrounding to the chilled water circuit, the heat transfer rate in
the evaporator, the heat loss rate from refrigeration cycle to the surrounding, and the heat transfer rate in
the condenser, respectively. Epump [kW] and Ewmp [kW] are the powers of pump and compressor,

respectively.

(1) The tube wall between cooling water and refrigerant in condenser
The first subsystem is shown in Figure 6.11. The energy budget and entropy budget of the subsystem are
shown in Equations (6.1) and (6.2), respectively. By combining these two equations together with the

ambient temperature, T, [K], the exergy-budget equation can be developed, as shown in Equation (6.3).

Condensing Temp: T, [K]

(6w

A\.rg. CW Temp: Tcw,ave[K]

Figure 6.11 Subsystem 1

Q. =Q, 6.1)
Qc /Tc + S.g,cond = Qc/Tcw,ave (62)
Xc,cw - Xcons.cond = Xc,ref (63)
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Xeew [KWI, Xconscona [KWI, and X ¢ [kW] in Equation (6.3) are the rate of exergy discharging from
cooling water due to heat absorption Q. in the condenser, the rate of exergy consumed in the tube wall
between cooling water and refrigerant, and the rate of exergy absorbed by refrigerant due to heat release

Q. in condenser, respectively, which are expressed in Equations (6.4) — (6.6).

Xc,cw = (1 - TO/Tcw,ave )(_Qc ) (6.4)
Xcons,cond = S‘g,condTO (65)
Xc,ref :(1_T0/Tc)(_Qc) (66)

(2) The refrigeration cycle
The second subsystem is shown in Figure 6.12. The energy budget, entropy budget, and exergy budget

of the subsystem are shown in Equations (6.7) — (6.9), respectively.

NN /.
Evaporator (Qe[kW]

Evaporating Temp: T, [K] | Compressor
| E comp (kW]

comp

XExpansion valve o

Condensing Temp: T, [K] /Ql kW]

ANRIIASAN (Qc[kW]

Figure 6.12 Subsystem 2

Qe + E.comp = Qc + Qloss,ref (67)
Qe /Te + S'g,ref = Qc /Tc + Qloss,ref /Tref,ave (68)
Ecomp + Xc,ref + XIoss,ref - Xcons,ref = Xe,ref (69)

Xiossrer [KW], Xconsrer [KW], and X, . [KW] in Equation (6.9) are the rate of exergy absorbed by
refrigerant due to net heat loss Qloss,ref from the refrigeration cycle to the surrounding, the rate of
exergy consumed in the refrigeration cycle, and rate of exergy discharging from refrigerant due to heat

absorption Q, in the evaporator, respectively, which are expressed in Equations (6.10) — (6.12).
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XIoss,ref - (1 TO/Tref ave )( Qloss ref ) (610)
Xcons ref — Sg refTO (611)
Xe ref T ( Qe) (612)

(3) The tube wall between refrigerant and chilled water in evaporator
The third subsystem is shown in Figure 6.13. The energy budget, entropy budget, and exergy budget of
the subsystem are shown in Equations (6.13) — (6.15), respectively.

~—

Avg. CHW Temp: T, avelK]

[Tobevar ] (0.

Evaporating Temp: T, [K]

Figure 6.13 Subsystem 3

Q. = Qe (6.13)
Q / chw,ave g,evap = Qe /Te (614)
Xe,ref - Xcons,evap = Xe,chw (615)

Xcons,wap [kW] and Xe,chw [KW] in Equation (6.15) are the rate of exergy consumed in the tube wall
between refrigerant and chilled water and the rate of exergy absorbed by chilled water due to heat

release Q, in the evaporator, respectively, which are expressed in Equations (6.16) — (6.17).

Xcons,evap = S.g ,evapTO (616)

Xechw (1 TO/ chwave)(_Qe) (6.17)

(4) The chilled water circuit
The fourth subsystem is shown in Figure 6.14. The energy budget, entropy budget, and exergy budget of
the subsystem are shown in Equations (6.18) — (6.20), respectively.
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Figure 6.14 Subsystem 4

QHE + E.pump + anin,chw = Qe (618)
QHE/THE,ave + anin,chw/Tchw,ave + S.g,chw = Qe/Tevap,ave (619)
E.pump + Xe,chw - Xcons,chw = XHE + Xgain,chw (620)

Xconscnw [KW, Xy [KW] and Xy gin cnw [KW] in Equation (6.20) are the rate of exergy consumed in the
chilled water circuit, the rate of exergy discharging from chilled water due to heat absorption Qy in the heat
exchanger, and the rate of exergy discharging from chilled water due to heat invasion anin,chw from

surrounding to the chilled water circuit, respectively, which are expressed in Equations (6.21) — (6.22).

X(:ons,chw = S.g,t:thO (621)
XHE :<1_TO/THE,ave)(_QHE) (6.22)
X gain,chw — (1 - TO /Tchw,ave )(_anin,chw) (6.23)

(5) Exergy budget of the system

By combining Equations (6.3), (6.9), (6.15) and (6.20), the exergy-budget equation for the entire system
can be deduced, as given by Equation (6.24). The overall exergy input rate is the sum of the compressor
power Ewmp, pump power Epump, and the rate of exergy discharging from cooling water due to heat
absorption Q. in the condenser, Xc.cw- The overall exergy consumption rates are the sum of the exergy
consumption rates in the four subsystems and the rate of net exergy discharging from system to the

environment (Xgain,chw _Xloss,ref)- The exergy output rate is the rate of exergy discharging from

chilled water due to heat absorption Qy in the heat exchanger, Xy.
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(Ecomp + Epump + Xc,cw) - ( Xcons,cond + Xcons,ref + Xcons,evap + Xcons,chw + Xgain,chw - Xloss,ref ): XHE (624)

The exergy efficiency £ [-], the net power consumption rate per unit exergy output rate #, [-], the rate of
exergy consumed in the tube wall between cooling water and refrigerant in condenser per unit exergy
output rate #, [-], the rate of exergy consumed in the refrigeration cycle per unit exergy output rate #3 [-],
the rate of exergy consumed in the tube wall between refrigerant and chilled water in evaporator per unit
exergy output rate 74 [-], and the rate of exergy consumed in the chilled water circuit per unit exergy

output rate #s [-] are expressed in Equations (6.25) — (6.30).

B= XHE/( Ecomp + Epump + Xeow ) (6.25)
7 = (Eomp + Epump — X e )/XHE (6.26)
M7= Xaons cond | X v (6.27)
73 = X oons.et | X it (6.28)
M = Reonsevap | X v (6.29)
M5 = X gons.cn | X e (6.30)

6.4.2 Calculation results and discussion

In order to clarify the effect of system renovation and modification on the system performance, three sets
of representative operating data are chosen as the comparison of objects, that is the initial operating data,
the operating data after steps 4 and 5 of the of system renovation and modification, respectively. The
operating data after steps 4 represent the final system performance after the variable-frequency
transformation of compressor and water pumps and the temperature adjustment of child water. The
operating data after steps 5 represent the system performance after the replacement of heat exchanger

from stainless steel plate heat exchanger to aluminum plate-fin heat exchanger.

The corresponding time averaged operating data needed in the exergy analysis are shown in Figure 6.15.
Since all the operating data are in the cooling mode, the environment temperature adopted in the
calculation is fixed at 32°C uniformly. Moreover, due to the difficulty in detecting the evaporating

temperature and condensing temperature, in this study, the evaporating temperature is assumed to be 2°C
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lower than the outlet chilled water temperature of evaporator; the condensing temperature is assumed to

be 2°C higher than the outlet cooling water temperature of condenser.
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Figure 6.15 Operating date before and after the system renovation and modification
35
O Xgain,chw-Xloss,ref OXHE ©OXc,cw EEpump [1Ecomp [Xcons,chw EXcons,evap EXcons,ref Xcons,cond
30
Input
25 Input
§ Consumption
= 20 . Input
=3 B4 Consumption
Q
& i) 0.03
s 15 =31 09
2 8 Consumption
©
@
10 | 197 20.0 Output
Output 128 104 14.9 Output
5
6.8 78 6.9
0 1.4 2.1
Initial After variable-frequency transformation After replacement of heat exchanger

Figure 6.16 Exergy budget before and after the system renovation and modification

The input exergy rate, output exergy rate, and exergy consumption rate of the three stages are shown in
Figure 6.16. For achieving the energy saving, or rather the exergy saving, to reduce the exergy

consumption rate is significant. It can be seen that in the initial stage, the rates of exergy consumed in
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the refrigeration cycle (Xconwef) and chiller water circuit (X ons cnw) CONtribute the most to the total
rate exergy consumption rate, at 69.6% and 15.8%, respectively. Reduction of the exergy consumption

rate of the two parts will benefit the system performance.

Due to the different refrigerating capacity for each stages, in order to compare each stage on the same
basis, the exergy efficiency S, the net power consumption rate per unit exergy output rate 74, the rate of
exergy consumed in the tube wall between cooling water and refrigerant in condenser per unit exergy
output rate 7, the rate of exergy consumed in the refrigeration cycle per unit exergy output rate 73, the
rate of exergy consumed in the tube wall between refrigerant and chilled water in evaporator per unit
exergy output rate 74, and the rate of exergy consumed in the chilled water circuit per unit exergy output

rate s of each stage are compared, as shown in Figure 6.17.
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Figure 6.17 Exergy efficiency and dimensionless exergy consumption rates

It can be seen that the exergy efficiency g increases from 26.4% to 33.8% after the variable-frequency
transformation of compressor and water pumps, and the temperature rise of outlet chilled water from
5.1°C to 7.8°C; then further increases from 33.8% to 38.7% after the replacement of heat exchanger from
stainless steel plate heat exchanger to aluminum plate-fin heat exchanger. Generally speaking, a good

result has been obtained after the corresponding system renovations and modification.

For the system performance after the step 4 of renovations and modification, due to the variable-

frequency transformation of compressor and the temperature rise of outlet chilled water, the performance
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of the heat pump chiller is improved significantly, the rate of exergy consumed in the refrigeration cycle
per unit exergy output rate 3 decreases 29.1% from 1.89 to 1.34. Moreover, due to the variable-
frequency transformation of chilled water pump, the rate of exergy consumed in the chilled water circuit
per unit exergy output rate s decreases 72.1% from 0.43 to 0.12, accompany with the reduction of
pumping power from 2.7 kW to 0.9 kW. Therefore, since the dimensionless value of the two parts
accounting for the largest amounts of exergy consumption rate, as mentioned before, have been reduced
obviously, the net power consumption rate per unit exergy output rate #, also decreases 27.6% from 2.32
to 1.68. In addition, though both the rate of exergy consumed in the tube wall between cooling water and
refrigerant in condenser per unit exergy output rate #,, and the rate of exergy consumed in the tube wall
between refrigerant and chilled water in evaporator per unit exergy output rate #4 increase slightly,
compared with the initial stage, the corresponding effect on the exergy efficiency is limited due to the

smaller proportion in the total exergy consumption rate.

For the system performance after the step 5 of renovations and modification, due to the improvement of
heat transfer performance after the replacement of heat exchanger from stainless steel plate heat
exchanger to aluminum plate-fin heat exchanger, the rate of exergy consumed in the refrigeration cycle
per unit exergy output rate 73 further decreases from 1.34 to 0.88, the decreasing ranges of which are
34.3% compared with the value after step 4, and 53.4% compared with the initial stage, respectively.
The pumping power is same with that after step 4 as 0.9 kW, but the rate of exergy consumed in the
chilled water circuit per unit exergy output rate zs increases slightly, since the output exergy rate
decreases from 7.8 kW to 6.9 kW, as shown in Figure 6.16. But the decreasing range of 7 is larger than
the increasing range of #s, then the net power consumption rate per unit exergy output rate #; further
decreases from 1.68 to 1.28, the decreasing ranges of which are 23.8% compared with the value after
step 4, and 44.8% compared with the initial stage, respectively. In addition, the variations of 7, and 7,4
are very small; therefore, the corresponding effect on the exergy efficiency is limited, like the stage after

step 4.

8 6.5 Conclusions

In this chapter, the performance of a heat pump system in an actual building before and after the system
renovations and modification are compared and analysed. Then the exergy analysis based on the
operating data of three representative stages are carried out. Some conclusions can be obtained as

follows.
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The COP of heat pump chiller will decrease when the refrigerating capacity is overlarge or too small.

Varying with the decrease of the refrigerating capacity, the pumping power per unit refrigerating
capacity decreases.

After the corresponding system renovations and modification, the system COP and system exergy

efficiency increase.

Varying with the increase of the outlet temperature of chilled water, the COP of heat pump chiller
increases; the rate of exergy consumed in the refrigeration cycle per unit exergy output rate
decreases.

After the variable-frequency transformation of compressor, the COP of heat pump chiller increases;
the rate of exergy consumed in the refrigeration cycle per unit exergy output rate decreases; the net

power consumption rate per unit exergy output rate decreases.

After the variable-frequency transformation of water pump, the pumping power decreases; the rate

of exergy consumed in the chilled water circuit per unit exergy output rate decreases.

After the replacement of heat exchanger from stainless steel plate heat exchanger to aluminium
plate-fin heat exchanger, the rate of exergy consumed in the refrigeration cycle per unit exergy
output rate decreases; the net power consumption rate per unit exergy output rate decreases.
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In this study, from the point of view of energy saving on HVAC system, the improvement of heat
transfer performance of related heat transfer equipment and the reduction of pumping power and
compressor power in HVAC system are mainly focused on for improving the performance of the whole
HVAC system. At first, based on an assumed simple counter-flow indirect contact type heat exchanger
unit, the values of Ns,t and Ns,p of three kinds of heat exchangers are compared under three kinds of
inlet temperature differences, three kinds of length-to-diameter ratios, and nine kinds of inlet Reynolds
numbers. Then, the thermodynamic fin-optimization of a water-to-water plate-fin heat exchanger is
carried out by using CFD and optimization algorithms. Next, around the water pump in chilled water
circuit, the exergy analysis on an assumed chilled-water circuit under four variable-flow control
strategies and two supply water temperatures are conducted. At last, the performance analysis and
exergy analysis on a heat pump system of an actual building before and after the system renovation and
modification are carried out to clarify the effect of chilled water temperature, operation mode of
compressor and pumps, and the type of heat exchanger on the system performance. Some useful

conclusions are achieved as follows.

8§ 7.1 Conclusions

For the main inducement of irreversible process in the heat exchanger for different working mediums,

the corresponding conclusions are as follows.

For air-to-air heat exchanger, the effectiveness of heat exchanger & increases with the increase of length-
to-diameter ratio but is not sensitive to the change of inlet temperature difference.; the number of
entropy production units due to heat transfer, Ns,r, decreases with the increase of length-to-diameter
ratio, and increases with the increase of inlet temperature difference; the number of entropy production
units due to pressure loss, Nssp, increases with the increase of length-to-diameter ratio, but is not
sensitive to the change of inlet temperature difference; the Ns,p -to-Ns ratio increases with the increase
of the length-to-diameter ratio, and decreases with the increase of the inlet temperature difference; the
irreversible loss is mainly caused by heat transfer at lower Reynolds number and by pressure loss at
higher Reynolds number.

For water-to-water heat exchanger, the number of entropy production units due to pressure 10ss, Nsxp, is
not sensitive to the increase of length-to-diameter and inlet temperature difference but increases slightly

with the increase of inlet temperature difference at higher Reynolds number for water-to-water heat
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exchanger. In addition, the irreversible loss of water-to-water heat exchanger is mainly caused by heat
transfer at any Reynolds number. Other conclusions are same with those of air-to-air heat exchanger

except for the above-mentioned two conclusions.

For air (high temp.)-to-water (low temp.) heat exchanger, conclusions are quite the same with those of

air-to-air heat exchanger.

For the comparison of three kinds of heat exchangers, under the same baseline, at any Reynolds number,
the air-to-water heat exchanger achieves the highest effectiveness, the air-to-air heat exchanger is the
second, and the water-to-water heat exchanger is the least. The value of Ns,t increases following the
order of air-to-air, air-to-water, and water-to-water at any Reynolds number, but the value of Nssp
increases following the opposite order. With respect to the comparison of Ns for three kinds of heat
exchangers, when the Reynolds number is equal or greater than 1000, the ascending order of Ns for three
kinds of heat exchangers is quite the same with that of Nsxp; when the Reynolds number is less than
1000, the ascending order of Ns for three kinds of heat exchangers mainly consistent with that of Nsat.
For the Ns,p -to-Ns ratio, the ascending order of Ns,p -to-Ns ratio for three kinds of heat exchangers is
water-to-water, air-to-water, and air-to-air. For water-to-water heat exchanger, the irreversible loss is
caused by heat transfer at any Reynolds number. For air-to-water and air-to-air heat exchangers, the
irreversible loss is mainly caused by heat transfer at lower Reynolds number and by pressure loss at

higher Reynolds number.

For the fin-shape optimization of plate-fin heat exchanger, to obtain more precise results, the formula for
calculating the comprehensive surface efficiency is modified by defining the convective heat transfer
coefficients of the plate and fin as independent parameters in this study. The values of the Colburn factor
and Fanning factor are calculated using the multiple regression analysis equation based on the numerical
simulation results. In addition, according to the numerical simulation results, the values of the
convective heat transfer coefficients of the plate and fin depend on the proportions of the primary heat
transfer surface area (plate) and secondary heat transfer surface area (fin). For the comparison of Nst
and Ns,p, Nsat is about 100 and 610 times Nsp when Ns,t (Ns) and Nsyp, respectively, are minimized as
objective functions in a case study with unfixed overall dimension of heat exchanger. After the
thermodynamic optimization on an assumed plate-fin heat exchanger with fixed overall dimension, the
efficiency of heat exchanger increases from 30.8% to 33.0%; the heat transfer amount also increases 7.1%
from 49.3 kW to 52.8 kW.
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With respect to the exergy analysis on an assumed chilled-water circuit system under four variable-flow
control modes and two supply water temperatures, it can be found that the rates of exergy input and
exergy consumption under any partial-load condition are significantly smaller than those under full-load
condition; the rates of exergy input and exergy consumption under any variable-frequency control mode
are smaller than those under throttle-valve control mode; in variable-frequency control mode, the rate of
exergy inputs decrease in the following order: constant-pressure control, constant-differential-pressure
control, and predictive-system-curve control. Moreover, regarding the effect of the supply water
temperature, the rate of exergy inputs are smaller at 12°C than at 7°C. Therefore, the use of the variable-
frequency control mode and a higher chilled water temperature will effectively reduce the exergy input
to the system.

After the performance analysis and exergy analysis on an actual heat pump system, it can be found that
the COP of heat pump chiller will decrease when the refrigerating capacity is overlarge or too small;
varying with the decrease of the refrigerating capacity, the pumping power per unit refrigerating capacity
decreases. In regard to the system renovations and modification, after the corresponding system
renovations and modification, the system COP and system exergy efficiency increase. Varying with the
increase of the outlet temperature of chilled water, the COP of heat pump chiller increases; the rate of
exergy consumed in the refrigeration cycle per unit exergy output rate decreases. After the variable-
frequency transformation of compressor, the COP of heat pump chiller increases; the rate of exergy
consumed in the refrigeration cycle per unit exergy output rate decreases; the net power consumption
rate per unit exergy output rate decreases. After the variable-frequency transformation of water pump,
the pumping power decreases; the rate of exergy consumed in the chilled water circuit per unit exergy
output rate decreases. After the replacement of heat exchanger from stainless steel plate heat exchanger
to aluminium plate-fin heat exchanger, the rate of exergy consumed in the refrigeration cycle per unit

exergy output rate decreases; the net power consumption rate per unit exergy output rate decreases.

8 7.2 Recommendations for future studies

(1) In the optimization of plate-fin heat exchanger, the fin type is the basic type, plain rectangular, the

heat exchanger with other complicated fin type can be optimized in the future study.

(2) The related research on the CFD study of water-refrigerant heat exchanger and air-refrigerant heat

exchanger are not so much right now. The CFD simulation of heat exchanger with refrigerant can be



@)

(4)

()

(6)
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paid more attrition in future.

The inlet temperatures of high-/low- temperature channels are fixed at constant value in the CFD
simulation of heat exchanger. To enrich database of Colburn heat transfer factor j and Fanning
friction factor f, the CFD simulation based on different temperature conditions can be carried out in

future.

In the exergy analysis on an assumed chilled-water circuit system, only the variable-flow control
modes of water pumps are focused on, the effect of variable-flow control modes of fans on the
performance of HVAC system can be studied in future.

The boundary of the analysis object in the exergy analysis on an actual heat pump system is limited;
the exergy analysis with larger boundary can be conducted in future for further clarifying the system

performance.

In the exergy analysis based on actual operating data, only the time-averaged data are adopted in the
calculation. For clarifying the dynamic performance of the system, the dynamic exergy analysis can

be carried out in future.

The exergy analysis can be also applied to the optimization of heat exchanger.
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